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ABSTRACT
One of the major challenges associated with designing a micro gas turbine engine is the problem of
heat transfer. The demonstration version of the engine deals with this problem by transferring excess
heat from the turbine, to the compressor wall, through the rotor shaft. This is necessary to keep the
turbine wall within its temperature constraints. The resulting heat transfer into the compressor flow
however reduces the compressor performance to the point that the cycle will no longer close. A film
cooled turbine has thus been pursued as a means of keeping the turbine within its temperature
constraints and at the same time reducing heat transfer to the compressor.
The thermal design of this cooled micro gas turbine has involved the design of the thermodynamic
cycle, a secondary flow system to carry compressor discharge air to the turbine for cooling, and
conceptual design of a turbine and rotor shaft to match the compressor. The analysis leading to this
design identified turbine wall temperature, turbine exit radius and shaft area as three tools for
increasing the power of the turbine, required to close the cycle. The design converged upon revealed
that a very high cooling effectiveness is required to close the cycle, if the turbine wall is to be limited
to 950K. This high effectiveness is calculated according to an empirical model established with data
from full size engines, and thus represents an extrapolation of data with its attendant risks. A
comparative model was developed as a regression of CFD results produced for the engine geometry.
This model predicts adiabatic cooling effectiveness values too low to close the cycle.
From the cycles studied, the recommended cycle configuration includes a 10mm diameter turbine
with 1600K at rotor inlet. 41% of compressor inlet air is required to cool the turbine wall to 950K,
and shaft area required to be 0.1% of a solid 6mm diameter shaft, i.e. 0.079mm2. The resulting cycle
breaks even with a compressor pressure ratio of 2.46 and efficiency of 43%. Turbine efficiency is
63%. This solution shows that closure of the cycle is possible. It however suggests that further design
study and technology development is needed to generate useful levels of engine performance.
Thesis Supervisor: Professor Alan H. Epstein
Title: R.C. Maclaurin Professor of Aeronautics and Astronautics
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NOMENCLATURE
Acronyms:
CFD Computational Fluid Dynamics
CFJ Cooling Flow Jacket
ICJ Inner Cooling Jacket
I.e. Leading Edge
MEMS Micro Electro-Mechanical Systems
NGV Nozzle Guide Vanes
PSFC Power Specific Fuel Consumption
SLS Static Sea Level
t.e. Trailing Edge
Roman:
A Wetted area
b Blade span
c Gap width
c, Constant pressure specific heat
CSA Cross sectional area
d Thickness of structure absorbing radiation
F12 View Factor
h Convective heat transfer coefficient
k Thermal conductivity
L Length
M Mach number
m Ratio of mass flow to compressor inlet mass flow
rh Mass flow rate
P Pressure
P Power - refers to radiation heat transfer
q Rate of heat transfer from a body of fluid
R Radius
s Radial position of point at which cooling effectiveness is calculated relative to point of
coolant injection
T Temperature
Adiabatic wall temperature
To Torque
U Velocity
u Velocity component in the flow direction
V Velocity
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W Gap width
w Rate of work done by a fluid
x Distance in the flow direction
y Distance across a gap
Parameters:
AR Aspect Ratio LAW
Cf Local friction coefficient
Nu Nusselt number
CT Temperature coefficient
Pr Prandtl number
Re Reynolds' number
St Stanton number
Greek:
a Angle of cooling flow injection from the horizontal
A Change in a quantity
e Eccentricity
Emissivity
y Ratio of specific heats
Tliln Adiabatic cooling effectiveness on the Disk
fiftn2 Adiabatic cooling effectiveness on the Blades
y' Viscosity
p Density
p Reflectivity
a Boltzmann's constant, 5.67x1 0-8 W/m 2K4
Shear stress on the wall
0> Rotational speed
Subscripts:
2 Compressor inlet
2.2 Imaginary station in compressor after heat transfer, but before work done
2.5 Compressor discharge
4 Turbine inlet
4.5 Imaginary station in turbine after work is done, but before heat transfer
5 Turbine exit
6 Nozzle exit
oo Main flow conditions, i.e. away from the wall
a Absorbed
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abs Absolute
ambient Ambient
a Absorption coefficient
b Blades
blades Blades
bridge Bridge across annular passage
bp Defined according to Baudoin Philippon's convention
c Compressor
casing Compressor casing
cc Combustion chamber exit
cl Cooling layer on disk
c12 Cooling layer on blades
cond Conducted from turbine to rotor shaft
cool Disk cooling air
cool2 Blade cooling air
d Disk
Dh Hydraulic diameter as referred to in Reynolds' number
disk Disk
engine Refers to mass flow rate at compressor inlet
gen Generated
i Incident
in At inlet - refers to temperature
in Inner wall of an annular passage - refers to radius or heat transfer coefficient
inner Inner wall of an annular passage
i Journal
le Leading edge
out At exit - refers to temperature
out Outer wall of an annular passage - refers to radius or heat transfer coefficient
outer Outer wall of a passage
NGV-1 NGV leading edge
NGV-2 NGV trailing edge
NGVexit At exit of NGV - refers to velocity
r Rotating wall - refers to heat transfer coefficient
rad Radiation - refers to heat transfer
ref Reference
rel Relative
rim Compressor Rim Gap
s Stationary wall - refers to heat transfer coefficient
shaft Rotor shaft
sts Static structure
t Total - refers to temperature or pressure
t Turbine
te Trailing edge
tip Rotor tip - refers to velocity
turbine-] Turbine rotor blade leading edge
turbine-2 Turbine rotor blade trailing edge
wall On the rotating wall rather than in the flow - refers to temperature
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Superscripts:
t Tangential
tan Tangential
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Chapter 1: Introduction
1.1 BACKGROUND & MOTIVATION
1.1.1 Motivation for the Micro Gas Turbine
The modem gas turbine is successful as a means of power generation, not because of high thermal
efficiency, but because it has high power density and is air breathing. The thermal efficiency of the
gas turbine is in fact low relative to the Camot efficiency associated with the temperature difference
found in a gas turbine. This is because so much of the power produced by the turbine must be used to
drive the compressor. Component performances are thus of great importance to the overall usefulness
of the gas turbine.
The microengine differs from conventional gas turbines in that it is roughly 1 million times smaller
by volume, hence the name microengine. This means that the length scale is one hundred times
smaller. Since power density scales like mass flow rate over volume, and thus flow area over volume,
it scales like the inverse of the length scale. This suggests that the microengine has the potential for
100 times the power density of conventional engines, which, as mentioned, is large already. This is
one of the reasons microengines are of interest. Due to other effects of scaling, this 100-fold
improvement in power density over conventional engines will not be realized, but it gives a useful
margin that makes the microengine a concept worthy of investigation.
In addition to scaling issues, fabrication issues also constrain the microengine. The engine is
fabricated using microfabrication technology that involves etching features into silicon wafers. The
process means that although different depths may be etched, all features are of an apparently extruded
nature. This means that 3-D geometries are not possible, although research is under way to investigate
contoured blades. For the moment however, the engine is limited to a constant blade span centrifugal
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compressor and turbine. The number of silicon wafers in the design is also important from a
fabrication point of view, as adding more wafers increases complexity dramatically. The engine is
thus, for the moment, limited to a single stage compressor and single stage turbine. These constraints
limit pressure ratio to the order of 3 or 4.
It has been said that length scale affects power density. A logical question regarding power is how the
length scale affects flow velocities. Flow velocities in the order of Mach 1, as are achieved in
conventional gas turbines, are primarily limited by rotational speeds set by material properties. Such
is also the case in the microengine, and the resulting flow velocities are also of order Mach 1. Flow
velocity is thus not adversely affected by a size reduction of 100 times. [1]
1.1.2 Demo Engine Geometry
The geometry of the demonstration version of the microengine is shown as a cross section schematic
in figure 1.1. Airflow enters the engine through an annular inlet in the center of the front side of the
device. It then turns 900 to flow radially outwards through the centrifugal compressor. It continues to
flow radially outwards to a radius at which fuel is injected into the flow from plenums above the flow
path. The flow is then turned 900 to flow axially down around the outside of the combustion chamber.
This cooling jacket is present to prevent the heat that is being lost through the walls of the combustion
chamber, being lost from the device. Instead, this heat preheats the compressor outlet air. At the exit
of the cooling jacket, the flow turns radially inwards, and then turns again to flow axially upwards
into the combustion chamber. The combustion chamber is annular in shape, and surrounds the
turbomachinery in the center. The airflow leaves the combustion chamber flowing radially inwards
through the centrifugal turbine. The turbine is attached to the backside of the compressor by means of
a shaft. The turbine exit flow turns 900 again to flow axially out the annular nozzle on the center of
the back side of the device. The rotor shaft is surrounded by an air bearing that is hydrostatic in this
version of the engine. Hydrostatic thrust bearings are located at the center of the compressor and
turbine, and have their seats in the center of the annular inlet and nozzle. The bearings are all fed from
plenums fed from outside the device.
The device is made as a stack of six wafers. This can be seen in figure 1.1 as the lines drawn across
the device to indicate wafer boundaries. Figure 1.2 below shows separately each wafer, front side and
back side. The wafer names are also shown.
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Figure 1.1: Schematic sectional view of the demonstration version of the microengine.
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Figure 1.2: Schematic showing the front
version of the microengine.
and back sides of each wafer of the demonstration
The above figures show the engine in its turbojet guise. The gas turbine generator version of the
engine is as above yet has a micro generator located above the compressor blades. No versions of this
engine have been built, yet work is being done on the generator, and some version of the advanced
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engine would have this generator integrated. The focus of the engine group however is to design the
gas turbine, and so no further comments shall be made about the generator itself, save indirectly by
referring to the gas turbine generator as a whole.
1.1.3 The Advanced Engine
The details shown above constitute the demonstration engine. The purpose of this engine is to prove
the concept of a microengine, by running the device and producing power. This device is not
expected to have the performance ultimately desired of the engine. This however is the requirement
of the advanced engine. This performance is as follows:
Table 1.1: Performance requirements of the advanced microengine [2]
Performance (assuming 5% bleed air)
28 W/g/s
1.83 g/W.hr
2000 sec
low
3.3 W
0.11 N
14 W
18 g/hr
Shaft specific power
PSFC
Specific impulse
Shaft power out
(or) Electrical power out
(or) Thrust
(or) Propulsive power (SLS turbojet)
Fuel consumption
One of the key approaches that has been chosen to be pursued in order to design this advanced engine
is to cool the turbine. The following chapter discusses the reasons for this approach and the objectives
that this design leads to, in terms of researching and designing the thermal aspects of such an engine.
1.2 APPROACH AND THEsIs SUMMARY
The approach presented in the following starts with identification of the problem and motivation
behind cooling the turbine disk. This leads to research objectives and design goals. This is chapter 2.
The models required to pursue these goals and objectives are then presented in chapters 3 through 6.
Chapter 3 presents the thermodynamic system model and its components. This includes velocity
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triangle models of turbine and compressor, as well as matching of the turbomachinery in mass flow,
heat transfer and pressure ratio. Chapter 3 is followed by an analysis of the behavior of the system
with the variation of various geometric and cooling parameters. This is chapter 4. The purpose of this
chapter is to develop an understanding of the system behavior, and confirm that the model's behavior
is explainable. Chapter 5 presents two alternatives for the modeling of the adiabatic cooling
effectiveness. Chapter 6 then presents the heat transfer model used to design and model the cooling
flow passages required to carry cooling air from the compressor to the turbine. The design of these
passages is also included in this chapter. Chapter 7 is the chapter where the models are used together
to first recommend a coolant injection scheme, and then to recommend the cycle design of a cooled
micro gas turbine. This is followed by a summary, as well as conclusions and recommendations
coming from the results of this design.
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Chapter 2: Motivation and Objectives
In this chapter shall be discussed the motivation behind designing a cooled micro gas turbine engine.
The reader shall then be taken ever deeper through the design requirements, to the specific objectives
of the research leading in this thesis, and then to the specific modeling requirements of the work. In
the first section, the reason and need for a cooled turbine is presented by considering the problem of
heat transfer through the rotor shaft of the engine. This section concludes with the need to pursue a
cooled turbine as an alternative solution path. In the section following is detailed the system design
goals converged upon in order to realize this solution. These requirements and constraints were
generated by consideration of the system as a whole. They also form the framework upon which the
design work is done. The penultimate section details the research objectives, which fit into this design
framework. Having established these goals, tools are required to pursue them, and this is the topic of
the final section, where modeling requirements are presented.
2.1 MOTIVATION FOR A COOLED TURBINE
2.1.1 Introduction
The thermodynamic requirements of the cycle, as suggested by preliminary calculation, include a
turbine inlet temperature of 1600K, resulting in 10W of shaft output power [2]. Along with material
properties, preliminary stress estimates have also been performed to yield temperature limits on the
structure. The 500m/s rotor peripheral speed limits the turbine wall to between 900K and 950K [3].
For the resulting temperature gradient to exist between the turbine working fluid and the structure, a
large heat flux will be generated. This heat must be channeled to some sink in order to prevent it
heating the turbine wall to beyond its melting point. This concept of reducing the temperature in the
turbine is essentially convective cooling. The preliminary design and demo engine use this cooling
scheme, conducting the heat through the turbine shaft, into the cooler compressor structure. This
raises the temperature of this structure to somewhat above the mean temperature of the compressor's
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working fluid, resulting in the heat being dumped into the compressor flow. The result is a
compressor that no longer behaves in an adiabatic manner. The performance with heat transfer is
degraded relative to adiabatic operation. An example of this is behavior is presented in the section
following.
2.1.2 Effect of Heat Transfer on Cycle Performance
Figures 2.1 and 2.2 below show the performance of the demo engine as calculated by an earlier
version of the thermodynamic system model that shall be discussed in ensuing chapters. The figures
were not calculated for matched turbomachinery, although the model as described in chapter 3 does
include turbomachinery matching. The figures presented in this chapter use the turbine designed by
Baudoin Philippon, as detailed in Design of a film cooled MEMS micro turbine [4], and the
compressor referred to as Youngren 9/6/98 [5]. The version of the model used for the generation of
these figures uses a defined turbine rather than the turbine model that shall be discussed in chapter 3.
To use this defined turbine, it is assumed that the turbine efficiency is not affected by heat transfer -
an observation that was made by Baudoin Philippon through CFD analysis [6]. Efficiency is thus
defined as that found by M. Philippon through CFD analysis, or, for a case where blade span does not
match a case run by M. Philippon, from a curve fitted to these results. Further detail of the model
shall not be discussed here. The more recent and complete model discussed in chapter 3 can easily be
-- Tt4 = 1300K Q= 0
120 - - Tt4 = 1400K
100 -*-Tt4 = 1500K
80 -- Tt4 = 1600K
o 60- -- T4 = 1700K
40- --+-T4 = 1800K
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(f- 20 1
-40
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Figure 2.1: Perfonnance of an adiabatic microengine presented as shaft output power versus
blade span and turbine inlet temperature Tt4.
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Figure 2.2: Performance of a microengine with 15W of heat transfer into the compressor,
presented in the form of shaft output power versus blade span and turbine inlet temperature
Tt4.
used to produce the results in this chapter.
Both figures have blade span on the abscissa. Both turbine and compressor have the same blade span.
Mass flow is set by the span of the compressor blades, as defined by a regression of CFD results
generated by Dr. Yifang Gong. This regression is shown as figure 2.3. Turbine efficiency is a
function of mass flow. This relationship has been calculated from the CFD results for 400gm and
225gm span turbine blades.
Figure 2.1 has had compressor heat transfer set to zero. This was done by setting the rotor's shaft area
to zero. Turbine wall temperature is not therefore fixed, nor below 950K. This figure is an illustration
of the performance of the device, ignoring the structural temperature constraints that exist.
Figure 2.2 shows results where compressor heat transfer has been set to 15W. In this case, shaft area
has been set such as to allow 15W of heat to be transferred to the compressor. Again, turbine wall
temperature is not constant, nor below 950K. This figure serves to illustrate the effect of heat transfer
on the cycle performance.
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Figure 2.1 shows the preliminary design point of a 400gm blade span device with 1600K turbine inlet
temperature T,4. Shaft output power is approximately 10W. If T,4 is increased to 1800K, this output
power is doubled. It is halved if T,4 is decreased to 1500K. If decreased to 1400K, the cycle barely
breaks even (turbine power available = compressor power required.) If then figure 2.2 is considered,
one can see that the effect of heat transfer is to drop performance by some 20W (at 400gm.) If 15W
of heat transfer is thus dumped into the compressor of the same 400gm, 1600K T,4 device, the cycle is
10W short of breaking even. Only with T,4 = 1800K does the cycle break even. Under these
conditions however, the turbine wall is 1615K. This is well above the 950K structural limit.
0.0003
0.00025 y = 1207.2x 2 + 0.0374x + 4E-05
R2
0.0002-
U 0.00015
cu
0.00010
2 0.00005-
0.
E0 0
0 0.0001 0.0002 0.0003 0.0004 0.0005
Blade Span [m]
Figure 2.3: Compressor mass flow as a function of compressor blade span, fitted as a regression
of CFD results [5].
2.1.3 Discussion
The above results reveal a problem. This problem is that the heat transfer generated by the need to
constrain the turbine wall temperature while maintaining a high turbine inlet temperature, reduces
compressor performance to the point that the cycle no longer closes, i.e. the compressor now demands
more power than the turbine is able to produce. The problem thus becomes one of keeping heat
transfer to the compressor high enough to keep the turbine wall below 950K, yet low enough to allow
the compressor to perform such that, firstly, the cycle can close, and secondly, a useful power output
may be produced, and the engine meet spec. The parameters available as "knobs to tweak," to meet
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this constraint and goal, are turbine inlet temperature T,4 and blade span, i.e. etch depth. It is clear
from figures 2.1 and 2.2 that increasing blade span (and thus engine mass flow) increases output
power.
There are however problems associated with these two "knobs." Blade span is defined by the depth
that the blades are etched into the wafers that they form part of. This etch depth is limited by the
uniformity with which it occurs. This uniformity is very important to the engine, as it is critical to
determining the balance of the rotor. A poor etch uniformity in the blade etch results in an unbalanced
rotor that cannot be spun to high speed. There is a limit in etch uniformity that is tolerable, and that
limit is currently met on 225gm blades, and the technology being progressed to expect it on 400pm
blades. Unless dynamic balancing is used, it will be some time before blades of 600gm span will be
etchable with the required uniformity. Current project constraints thus essentially require a solution
that does not require blades of span significantly greater than 400gm.
Even were a 600gm blade compressor manufacturable, the problem still remains that this device still
has a turbine wall temperature well above 950K, requiring a material with greater strength, such as
Silicon Carbide. Reducing this temperature by reducing T4, will in turn reduce turbine performance.
The result will be an improved compressor performance (reduced power requirement of turbine by
compressor) but a reduced turbine performance.
An alternative solution must be sought. The culprit is heat transfer to the compressor. However, if this
heat can be prevented from entering the turbine, not only will heat transfer into the compressor be
reduced, but turbine temperature will also be more easily controlled. This is the philosophy behind
film cooling, which is widely used on modern jet engines for turbine blade cooling. In this case, it is
desired to cool both the turbine disk, and the blades.
2.2 SYSTEM DESIGN GOALS
Having motivated the need for film cooling the turbine, which shall hereafter be simply referred to as
turbine cooling, the design goals of the system are presented. These goals attempt to fully describe the
route to be pursued to integrate a cooled turbine into the microengine, in order to close the cycle and
produce output power. First however, it is useful to be reminded of the problem at hand, independent
of solution:
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* Requirement: Reduce heat transfer into the compressor flow, so as to improve compressor
performance.
" Constraint: Maintain the turbine wall temperature below 950K.
Turbine cooling is the solution to be pursued. The following system goals are needed for the
integration of a cooled turbine into the device:
1. Provide compressor discharge air to the turbine as cooling air.
2. Transfer this air from the compressor discharge to the turbine with a minimum of heat pickup.
3. Thermally isolate the rotating machinery from the combustion system.
4. Optimize the cycle for a cooled turbine.
The third requirement stems from the system requirement rather than the specific solution being
pursued. If heat transfer into the turbine is reduced but heat is transferred through another part of the
structure, to enter the rotor through a different route, then the turbine cooling benefit is reduced. It is
important to maintain the systems viewpoint.
2.3 RESEARCH OBJECTIVES
In order to achieve these goals, and then integrate the cooled turbine into the engine, the following
were identified as objectives for the research presented in this thesis:
* Investigate configuration alternatives for a structure to achieve goals 2 and 3 listed in section 2.2,
and recommend a configuration.
" Assess the effectiveness, in terms of system impact, of coolant injection alternatives, available
for the cooled turbine design, and make recommendations.
* Assess the impact of the cooled turbine on cycle performance and suggest a system configuration
in terms of T,4, geometry and mass flows (this is to achieve goal 4.)
34
2.4 MODELING REQUIREMENTS
In order to achieve these objectives, many aspects of the system need to be modeled. Some of these
modeling requirements are detailed in this section:
2.4.1 Thermodynamic System Model
This model is to form the backbone of the analysis, which is to address what is essentially a
thermodynamic problem. The model is to perform the following:
" Model the convective heat transfer in the turbine and in the compressor.
" Obey conservation of energy in the turbine and compressor flow.
" Match the compressor and turbine in mass flow, heat transfer and pressure ratio. Pressure ratio is
matched such that static pressure at the exit of the engine is close to ambient.
* Model the performance of the non-adiabatic compressor and turbine in a simple, 1 -D manner
" Calculate the resulting shaft output power.
2.4.2 Turbine Cooling Effectiveness Model
The effectiveness with which the cooling scheme in the turbine is able to cool the device is critical to
heat transfer in the turbine, and central to the whole solution of turbine cooling. This effectiveness is
to be measured in terms of adiabatic effectiveness. CFD has been run for many different conditions,
for the cooled turbine designed by M. Philippon, and the first cooling effectiveness model is
essentially a regression of the results of this analysis. Another model drawn from the literature is also
presented.
2.4.3 Heat Transfer in Cooling Passages
The structure that transports cold air from the compressor discharge to the turbine, and at the same
time isolates the rotating machinery from the combustion system needs to be modeled in terms of heat
transfer. Heat transfer is the critical issue for the design of this structure. However, if the structure is
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complex, such as consisting of a number for annular passages, this heat transfer must be evaluated on
the system scale, rather than the local scale. The following must be accounted for:
e Conduction across static structure and bridges across annular flow passages.
" Radiation across flow passages.
* Convection on the walls of flow passages
2.5 CHAPTER CONCLUSIONS
This chapter has been a progression through the thought process and requirements of the research
performed. First, broad design goals were established, followed by more specific research objectives.
These then led to the requirements of the models deemed necessary to achieve these objectives. In the
following chapters, the reader will be taken deeper into the models themselves. Results shall also be
presented. The results of the thermodynamic system model are important as they generate
understanding that is important for the remaining cooling effectiveness and cooling passage structure
models. These models are thus presented after the thermodynamic system analysis, which is presented
under the heading System Behavior in chapter 4.
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Chapter 3: Thermodynamic System Model
The thermodynamic system model is the central tool used to evaluate the cycle performance of the
engine in this research. This tool allows variation of various parameters and configurations of
components, and can call, as functions, the other models described in following chapters. In this
chapter, an overview of the model shall be presented, followed by more detail in each of the major
components or facets.
3.1 OVERVIEW & USING THE MODEL
The model works with the cycle on the system level. Its objective therefore is to account for the way
in which each component or subsystem affects and interacts with the others in the system. This is also
the very nature of turbomachinery matching, which is discussed in section 3.5, and is one of the goals
of this model.
Figure 3.1 below is a flow diagram of the model, as it fits into the whole system. The two boxes on
the left hand side are the Adiabatic Cooling Effectiveness and Cooling Flow Passage Design models
to be discussed in chapters 5 and 6 respectively. The red oval encloses what shall be referred to as the
thermodynamic system model. This includes heat transfer and conservation of energy in the
turbomachinery, which shall be discussed in section 3.2. It also includes the compressor model, which
will be discussed in section 3.3. The turbine model will be discussed in section 3.4. This is the major
component responsible for matching the turbomachinery in terms of pressure ratio, heat transfer and
mass flow. This shall be discussed in section 3.5. Sections 3.6 and 3.7 discuss friction losses on the
rotor and heat transfer from the walls of the rotor, across the journal gap, respectively. The latter of
these is a heat transfer problem that is illustrated in the flow diagram as the heat transfer interaction
between the red oval, and the Cooling Flow Passage Design model box. Friction loss is important for
establishing the overall cycle performance from the model outputs. These outputs are available
turbine work, and required compressor work, which are highlighted in red in the flow diagram. In a
gas turbine generator, shaft output power is the difference between available turbine work and
37
required compressor work minus the losses due to friction. Since this model has to deal with the case
where turbine power is not sufficient to drive the compressor, the engine is modeled as a gas turbine
generator, rather than a turbojet. It shall be seen that this significantly affects the manner in which
matching is performed.
The figure below shows how the three models interact. This is not the only manner in which the
thermodynamic model can be used. Instead of its interaction with the other models, cooling
effectiveness and coolant temperature can simply be set by the user, and their effect on the
thermodynamic system model evaluated parametrically.
Mass flow /Turbine model, matching Turbine Workmass flow, heat transfer & Turbine blade
span
Comp. Exit Temp. pressure ratio
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Figure 3.1: Flow diagram showing the thermodynamic system model and its interaction with
the rest of the system.
The model works by calculating temperatures and heat fluxes in the system as a function of a guessed
compressor and turbine work. These are necessary for calculating turbine and compressor heat
transfer by performing conservation of energy in the turbomachinery, and then balancing heat
transfer. Once heat flux into the compressor is estimated, the compressor model is used to estimate
the compressor performance, including required work (an update to the guess). Other characteristics
of compressor performance are also calculated. Compressor pressure ratio allows the inlet pressure to
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the turbine to be calculated, which then is available to the turbine model. With the heat flux out of the
turbine, the turbine model is then used to determine available turbine work, while matching pressure
ratio. The geometry in the turbine is varied to match mass flow and to maximize turbine efficiency.
Having thus determined compressor work and turbine work, these parameters then update the original
guesses, and the next iteration is performed.
The adiabatic cooling effectiveness and cooling flow passage models fit into the iterative cycle
because they are functions of temperatures and heat fluxes in the system. They are not used in the
criterion for stopping the iteration, but are recalculated at each iteration, as temperatures and heat
fluxes are updated. This is of course unless they are specified as inputs by the user.
3.2 HEAT TRANSFER AND CONSERVATION OF ENERGY IN
TURBOMACHINERY
3.2.1 Overview
Heat transfer and conservation of energy in the turbomachinery is modeled as a linear problem. The
equations that constitute this problem are included below. These equations can be categorized by type
or component. In the following section they are grouped by component, and each is of one of the
following four types:
* Convective heat transfer from a bulk fluid temperature to an average wall temperature,
* Conservation of Energy as a result of work done or heat transferred,
* Balance of heat flux,
" Definition of cooling effectiveness.
The fourth shall be discussed in more detail in chapter 5. It is included here however as it is important
to see how the cooling effectiveness allows the cooling layer temperature on the turbine disk or
blades to be defined, and how this temperature is critical to the convective heat transfer in the turbine.
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3.2.2 Equations
3.2.2.1 Compressor
e Rate of convective heat transfer into the compressorfluidfrom the rotating structure
4e =h Ac (Ta c -Te) (3.1)
based on the basic convective heat transfer equation [7], where:
- 4c is the rate of heat transferred into the compressor fluid from the rotating structure.
- he is the convective heat transfer coefficient, estimated from temperatures and heat transfer
rates calculated by Dr. Yifang Gong for a 400pm blade span compressor with the Youngren
9/6/98 blade design and an 800K isothermal wall [5]. i.e. he = 1765 W/m2K.
- Ac is the flow exposed surface area of the compressor (with the Youngren 9/6/98 blade
design.) This varies with blade span. It also includes inlet surface area on the rotor. (See figure
3.2 for distinction between Ac and Acasing.)
- Twai-c is compressor wall temperature - an unknown in the system of linear equations.
- T is adiabatic wall temperature in the compressor and is also an unknown in the system.
This parameter essentially represents a bulk fluid temperature, necessary for the 1 -D convective
heat transfer model used.
Inlet Thrust bearing
casing area Acasing
Compressor blade -
Shaft axis compressor impeller area Ac
Figure 3.2: Schematic of compressor impeller showing different wetted areas of interest.
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* Enthalpy rise in the compressor due to heat flux [5]
T 2 = T2 + < +qcasing (3.2)
engine - Cp-c
where:
- T2.2 is total temperature at an imaginary station in the compressor flow, before work has been
done on the fluid, but after heat has been transferred to it. This is in accordance with Gong's
model for estimating the impeller efficiency with heat addition [8]. This temperature is an
unknown in the linear system.
- TO is total temperature at the compressor face, taken as 300K.
- 4casing is the rate of heat transferred into the compressor from the compressor casing. The
compressor casing is defined in figure 3.2. This parameter is also an unknown in the system.
- thengine is the mass flow into the engine inlet, and through the compressor impeller.
- cp.c is constant pressure specific heat in the compressor, estimated for a temperature of 550K
using a quadratic fit of data quoted in Rohsenow et al. [9]. i.e. cp.c = 1079 J/kgK.
* Enthalpy rise in the compressor due to work input [5]
T2.5 T2.2 - .h Wc (3.3)
engine p-c
where:
- T12.s is compressor impeller exit total temperature. This is an unknown in the linear system.
- we is the rate of work done in the compressor in Watts. The linear system requires this
parameter as a known. Note that the sign convention has work positive when done by the fluid.
In the case of the compressor therefore, it is expected to be negative.
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e Adiabatic wall temperature in compressor [10]
- t 2.s -|- t 2-- ATrel-eT = (3.4)
2
where:
- ATrei-c is the difference between the absolute and relative temperatures in the compressor. It was
estimated at the trailing and leading edges in terms of absolute tangential flow velocity, U bs
as follows:
1 2U"
- AT,,, = Tr-,e -T-as (o) - R)2 1- n ("3.5)
2c, Pa -R
CFD estimates were obtained for U an at the trailing and leading edges of a 225gm blade
machine, for 4 different mass flows. Lines were fitted to the results, and scaled to the
compressor entrance (which is not at the same radial location R as the blade leading edges.) The
resulting fit was then used to calculate ATre at the entrance of a 225gm blade machine with
0.2025g/s mass flow, the original design mass flow expected through a 225gm machine
(0.2025 = 0.36x225/400). A similar estimate was obtained for the compressor exit. These were
then averaged to reach an adequate approximation of ATrejc i.e. ATrel-c = -47 K
Although this number is for a 225gm blade machine, blade span is not expected to alter the
result significantly, as a similar number was attained when applying a 0.36g/s mass flow to the
above relations, although the U "b estimates were still those calculated for a 225gm device.tan
e Rate of convective heat transfer into the compressor fluid from the static structure, i.e. from the
compressor casing [5][7]
qca sing = hcasing Acasin g (Tcasing - TC) (3.6)
where:
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- hcasing is the convective heat transfer coefficient on the compressor casing. This was calculated
using CFD results for T,2.s and 4 ca sin g from Gong [5], for the same compressor design with
an 800K wall. Results were available for four different blade spans, from 200gm to 400gm.
hcasing was calculated for each case, and then the results averaged, resulting in
heasing = 408 W/m 2K. Compressor casing temperature is assumed to be 650K.
- Acasing is compressor casing wetted area. See figure 3.2 for definition. Acasing = 54.7 mm2.
3.2.2.2 Turbine
Figure 3.3 below shows the turbine in schematic, illustrating how the heat transfer in the turbine has
been modeled. The colored line at the bottom shows the fluid flow through the device. From the total
temperatures T, at entrance and exit, an average or bulk fluid temperature is calculated. This then
establishes the temperature of the cooling layer over each of the blades and the disk. The temperature
of this cooling layer is also a function of a adiabatic film cooling effectiveness and the coolant
temperature. This temperature is what drives the heat transfer q to the disk and blade walls, both of
which are at a constant wall temperature. This wall temperature then established the heat transferred
Twall-c
q = k Ashafl (Twaii-, - Twai-e)/L = qd + qb
Twall-t
t
qd = f(Ti, Adisk, Twaii-) Disk
=cl f(Tcooi, Ifilm, T;, Twall-t)
Blades qb = f(T2, Ablades, Twait-1)
Tc2 (Tcool2, Tlfllm2, T,, Twall-t)
T 5
Figure 3.3: Schematic of turbine showing the way in which heat transfer has been modeled in
the device.
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to the compressor.
The equations are as follows:
e Rate of convective heat transfer into the turbine flow, from the cooled disk [7]
qt-d -ht-disk t-disk wall-t ~ )c (3.7)
where:
- , is the rate of convective heat transfer into the turbine flow from the turbine wall, through
the disk surface.
- ht-dik is the convective heat transfer coefficient on the turbine disk, estimated from temperatures
and heat transfer rates calculated by Philippon for a 400pm blade span turbine with M.
Philippon's "turbine design 10" blades, an isothermal wall, a pressure ratio of 2.1 and a mass
flow 0.293g/s. [6] i.e. h.disk = 3077 W/m 2 K,
- Atdisk is the turbine disk wetted area, which does not vary with etch depth. i.e. Adisk = 26.2 mm2
- Twaii. is the turbine wall temperature, and is an unknown in the linear system,
- Te, is the mean temperature in the cooling layer on the turbine rotor disk, and is also an
unknown in the linear system. It is essentially the bulk temperature that the cooling air is
considered to reach after injection into the turbine flow.
Note that convective heat transfer in the turbine is treated as between the wall and the bulk
temperature of the cooling layer, rather than the bulk temperature of the turbine flow itself.
Rate of heat transfer into the turbine flow, from the cooled blades [7]
(3.8)4-b = htblades A-blades (Taii-t - "c12)
where:
- 4,-b is the rate of convective heat transfer into the turbine flow through the turbine blades.
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- h-blades is the convective heat transfer coefficient on the turbine blades, estimated from
temperatures and heat transfer rates calculated by Philippon for a 400jim blade turbine with M.
Philippon's "turbine design 10" blades, an isothermal wall, pressure ratio of 2.1 and mass flow
0.293g/s. [6]. i.e. h-blades = 4506 W/m 2K,
- At-blades is the wetted area of the turbine blades, which varies with blade span. For 400gm
blades, this area is 27.7 mm 2 . It also varies with rotor disk radius, as the number of blades
increases. The number quoted is for a 3mm radius disk, which has 21 blades. The number of
blades increases to maintain a constant solidity = 1.08, i.e. blade chord/blade spacing.
- Twai-, is used here as well as on the disk, since the silicon that the rotor is constructed from is
very nearly isothermal. As an approximation therefore, one temperature is used for the whole
turbine rotor structure - both disk and blades,
- T 12 is the temperature in the cooling layer on the turbine rotor blades, and is an unknown in the
linear system.
Again, convective heat transfer is taken as between the wall temperature and the temperature in
the cooling layer - be it on the blades in this case.
e Enthalpy change in the turbine [5]
4-d + 4 -b - W , = lee - c (T - T,_ )+ lk ool *CP To - T cool (3.9)
+ c,_ (T -T -- +trcoo12 cPCO01 (T.5 - Tcool)
where:
- w, is work done by the turbine flow, on the turbomachinery.
- rhee is the mass flow at the exit of the combustion chamber. This will be the compressor inlet
mass flow minus coolant mass flows and journal air mass flow, plus starter air mass flow
thstart 
-
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- rhco, is disk coolant mass flow at a total temperature of T,. 001. This is set by the user as a
percentage of compressor inlet mass flow. T(.c0 is an output of the cooling flow passage heat
transfer model, or can be set by the user.
- rhcool2 is blade coolant mass flow at a temperature Tco012 , and is also set by the user as a
percentage of compressor inlet mass flow. Tcoo 2 is set to equal the turbine wall temperature i.e.
Twai-,. This is not a bad assumption, as the passages through which it flows in the rotating
structure and blades are likely to be of very small dimension. Its temperature is therefore likely
to be driven almost entirely by the temperature of the turbine structure through which it is
flowing.
- hj is the mass flow that is bled off the compressor exit to provide air to the hydrostatic journal
bearing. This flow will be zero for a hydrodynamic journal bearing. It exits the journal bearing
at the turbine rotor edge, where it enters the turbine flow. The user also sets this mass flow as a
percentage of compressor inlet mass flow. Its temperature is T;.or, which is an unknown in the
linear system.
- T,-ce is the temperature of the flow exiting the combustion chamber. It is set indirectly by the
setting of turbine inlet temperature T,4, by the user. T,.c is calculated such that the mass average
temperature of the flow in the turbine, including coolant and journal air, is the desired T,4 .
Station 4 is thus located in a position downstream of coolant injection, but upstream of the
turbomachinery.
- T,5 is the turbine exit temperature, and is an unknown in the linear system.
- c, is the constant pressure specific heat in the turbine, defined assuming a temperature of
1308K (average reference temperature between blades and disk in turbine, estimated by
Philippon for turbine with "turbine design 10," 400 m blades [6]), i.e. cp, = 1346 J/kgK,
- c,.co01 is the constant pressure specific heat of the coolant flow. Assuming a Tcool of 650 K,
c,.coo1 = 1101 J/kgK,
- c,.; is the constant pressure specific heat of the flow exiting the journal bearing gap into the
turbine. Assuming a temperature of 950 K, cj= 1191 J/kgK.
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In the turbine, the enthalpy change due to both heat and work are accounted together. There is no
evidence to suggest that the turbine behaves in the same way as the compressor, allowing the
enthalpy rise due to heat and work to be treated separately.
e Adiabatic wall temperature in the turbine [101
- Ts+ Tce - AT,T .t5 tc ret (3.10)
2
where:
- ATre., is the difference between the absolute and relative temperatures in the turbine, and was
estimated in a similar manner to ATr,,-c, using estimates of U " obtained for the turbine. i.e.
ATre-, = 13.5 K
Like the compressor, this temperature represents a bulk fluid temperature important for the
evaluation of convective heat transfer. In the case of the turbine however, the heat transfer does
not occur between Z' and the wall temperature, but rather, through the definition of cooling
effectiveness, T sets the cooling layer temperature. Note that combustor exit temperature is used
to calculate T rather than turbine inlet temperature T,4 . This is because in order to set the
temperature of the cooling layer, it is implied that the "bulk" flow under consideration excludes
the cooling layer. T,4 however has been mass averaged to include the coolant, which becomes the
cooling layer air.
* Thin film cooling on the turbine disk
= T T (3.11)
T , - T001
where:
- r,,, is the adiabatic film cooling effectiveness on the disk. This efficiency is estimated using
the adiabatic cooling effectiveness models discussed in chapter 5, or set by the user. The
definition of this effectiveness is also discussed in chapter 5. It is suffice at this point to observe
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that film cooling effectiveness represents how close the mean temperature of the cooling layer
is to the coolant supply.
Thin film cooling on the turbine blades
T~ , -T
7lpm2 = -
T t -Tcol
(3.12)
where:
- qff1t,2 is the adiabatic film cooling effectiveness on the turbine blades. It is also estimated by
the adiabatic cooling effectiveness model of chapter 5, or can be set by the user.
e Rate of heat conduction along the rotor shaft [7]
ksZ4 ft *CSAshaft (Twa -T
-ca = Lwii_ -f Twall-c )
Lshaft
where:
- qcond is the rate of heat conducted from the turbine to the compressor.
- kshaft is the thermal conductivity of the silicon rotor shaft, i.e. kshaft = 40 W/mK [11],
(3.13)
- CSAshaft is the cross sectional area of the shaft. This is set by the user as a fraction of the
baseline 6mm diameter shaft area.
- Lshaft is the length of the rotor shaft. In the 225pm blade span engine, Lshaft = 300pm.
3.2.2.3 Rotor Shaft
e Conservation of heat transfer in the turbine
(3.14)cond = -4-d - 4,-b
Remembering that the sign convention is heat transfer rates positive when flowing into the fluid.
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4cofd
t-b qt-d
Figure 3.4: Schematic of turbine rotor, showing heat transfer across the system boundary. All
heat transfers are shown positive.
e Conservation of heat transfer in the shaft and compressor
=ond - 4 + 4q, + 4shaft (3.15)
where:
- 4,, is the rate of heat transfer out of the rim of the compressor impeller into the flow passing
around the outside of the compressor impeller.
- 4shaft is the rate of heat transfer out of the walls of the rotor shaft into the gas journal bearing
flow surrounding the shaft.
The shaft and compressor are here treated as a single solid body. In reality there will likely be a
temperature gradient along the shaft. This equation does not contradict this, and would be
identical if referred to as the heat balance at the junction of the compressor and shaft. When a
shaft temperature is required later, it shall be assumed to equal the average of the turbine and
compressor wall temperatures.
The remaining equations describe the enthalpy change in the gaps that form the journal bearing air
flow-path and the heat transferred from the impeller rim and shaft walls into these gaps. These
equations are discussed in section 3.7, but even in this section, are not complete. For completeness,
the cooling flow passage geometry must be incorporated into the system. This detail is discussed in
chapter 6.
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4c
qcond
Figure 3.5: Schematic of compressor impeller and turbomachinery shaft, showing heat transfer
across the system boundary. All heat transfers are shown positive.
3.3 COMPRESSOR MODEL
The compressor model is a simple model of the compressor performance that uses simply velocity
triangle theory. It was written by Dr Yifang Gong. It takes as input the geometry of the impeller,
which in the case of this work, is specified. This includes leading and trailing edge radii, number of
blades, and blade passage area as a fraction of total trailing edge area. Blade angle at the trailing edge
is another geometric input. Other non-geometric inputs include rotation speed, mass flow, total
temperature and pressure at inlet and heat transfer into the flow through the compressor structure.
Further inputs include diffuser recovery coefficient and loss coefficients in the entrance, the passage
and the exit, as well as due to power consumption due to losses on the casing wall.
The output of the model is compressor performance. This is quoted as total-to-total pressure ratio,
total-to-static pressure ratio, total temperature ratio, shaft power required and impeller efficiency
(based on the total-to-total pressure ratio.) Also outputted is stage efficiency. Mass flow is also in the
matrix of output parameters, as this may change if the device is choked. Choking can occur if too
much heat is transferred into the flow through the disk. Other outputs include flow angle at the
trailing edge of the impeller blades - both relative to an absolute frame, and relative to a stationary
frame, - mixed out flow angle at this location, and Mach number at this location - relative, absolute
and mixed out. Also outputted are total pressure loss components - at the entrance, along the blade
and after the trailing edge.
This model shall not be discussed in great depth. Instead, just a simple outline shall be presented to
give the reader an idea of what the model uses, and how it converges to a solution.
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All inlet flow conditions are calculated first, followed by conditions at the imaginary station alluded
to in section 3.2, equation (3.2). This station is referred to as 2.2 in the notation of the thermodynamic
system model. It is an imaginary station located after heat is added to the fluid, but before work is
done on the fluid. This calculation is where the heat addition input comes in.
Following flow conditions at station 2.2, the model moves to calculation of conditions at impeller
exit. This involved the calculation of slip velocity using a correlation using Weisner's definition of
slip factor [12], and an artificial factor to account for high viscosity. After pressure drop is calculated,
the energy equation is used to calculate relative total temperature at the exit. Exit Mach number and
flow angle are then calculated iteratively. With this information, flow properties at the exit are
calculable. The final part of the model then accounts for mixing loss to calculate the mixout flow
properties.
3.4 TURBINE MODEL
The turbine model is also a simple model that calculates turbine performance using velocity triangles.
The model was also written by Dr Yifang Gong, although modified slightly to allow for a cooled and
non-adiabatic turbine, as is the case in the turbine being modeled. This model shall be discussed in
more detail than the compressor model, due to its importance with regards to matching, which is
discussed in the following chapter.
The model receives as inputs the turbine geometry, including radii of rotor blade trailing and leading
edges, as well as the radius of the nozzle guide vane (NGV) trailing edge. Blade span is also received
as an input, as is NGV exit angle. These input parameters can either be set by the user to evaluate the
performance of a fixed geometry turbine, or varied in order to design a turbine, as shall be discussed
in section 3.5. Other inputs include total temperature and pressure at combustor exit (i.e. T,.cc not T,4 ,)
as well as static pressure at nozzle exit and total heat transfer from the turbine. This latter input is
required to account for the non-adiabatic behavior of the device. Further inputs include a rotor
efficiency based on total-to-total pressure ratio and then coolant mass flows and total temperatures.
Outputs include turbine efficiency as calculated both for total-to-total pressure ratio and total-to-static
pressure ratio, power generated, pressure ratio, mass flow, reaction and various temperatures and
velocities in the turbine stage.
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The number of blades in the NGV can be set by the user, if so desired, but in the version used in this
work, it is set such that the NGV throat width equals the blade span.
The purpose of the model is to calculate the mass flow that will allow total-to-static pressure ratio to
be matched for a given geometry. The model is thus iterative in nature. The static pressure at NGV
exit is assumed, and then exit pressure calculated by consideration of velocity triangles in the rotor.
This pressure is then compared to a target, in this case 1.1 XPambient, and NGV exit pressure adjusted
accordingly. The variation of nozzle exit pressure with NGV exit pressure is monotonic, as shown in
an example results shown in figure 3.6 generated by running the turbine model alone, with constant
geometry. When exit pressure matches its target, the mass flow required to produce the associated
NGV exit pressure is output.
1.8
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NGV exit pressure/ambient
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Figure 3.6: Nozzle exit pressure versus turbine NGV exit pressure.
The iteration starts by calculating total-to-total pressure ratio across the NGV, as well as NGV exit
Mach number, mass flow and static temperature. This calculation is based on a regression of NGV
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design numbers arrived at through CFD analysis. This regression is a function of NGV geometry,
combustor exit total conditions and the NGV exit static pressure - the input parameter to each
iteration within the model. Geometric inputs to this regression include both blade span and NGV exit
angle.
Total-to-total pressure ratio across the NGV allows total pressure at NGV exit to be calculated, and
static temperature and Mach number allows velocity at NGV exit to be calculated. Since NGV exit
angle is known, this velocity can be broken into radial and tangential components. Total temperature
is assumed to be identical at NGV exit and entrance. This is not entirely true, as the NGV is not
expected to be adiabatic.
Flow conditions at rotor inlet are then assumed identical to those at NGV exit, and with rotational
speed, relative velocities at rotor inlet can be calculated. This then allows the tangential velocity at
turbine rotor inlet to be calculated. With the assumption of no tangential velocity at turbine exit,
torque can then be calculated using Euler's equation:
Tq = 1h(VR -leV R te) (3.16)
where subscripts le and te refer to rotor leading edge and trailing edge, and the superscript t refers to
the tangential component of the velocity. It is assumed that the flow direction at the turbine's trailing
edge is radially inwards, i.e. tangential velocity at this radius is assumed to be negligible.
The question then arises as to what mass flow applies to this equation. If coolant passes through the
NGV, this mass flow must include this air, as it is being turned by the NGV, and so will contribute to
turbine work. If however, coolant is being injected into the flow from the rotor, and it is not turned
through the NGV angle prior to entry into the rotor, then it cannot be included in the M' of equation
(3.16), as its tangential velocity at the leading edge is zero. If one assumes that it's tangential velocity
at exit is zero, assuming that it is mixed into the main flow by this point, then it contributes nothing at
all to turbine power. Note also that for the case in which cooling air is injected before the NGV, it
will not have tangential velocity Vtet, as it is coming through the NGV from a lower total temperature.
In this model however, it is modeled as if it had V,,t.
Having calculated torque, turbine power is then simply the product of torque, rotational velocity and
the turbine rotor efficiency. Once power has been determined, turbine exit total temperature can be
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calculated using enthalpy rise in the turbine. This is where heat transfer 4 must be included in
addition to the turbine power w just calculated. Coolant mass flows must also be accounted for:
th T th T +r T
- cc t4 cool t-cool cool2 t-cool2 (3.17)
thengine tengineC p
The total pressure at exit can now be calculated using the definition of rotor efficiency. This
definition however needs to refer to actual work done rather than enthalpy change. For this reason, an
imaginary station needs to be defined in the turbine, which separates the enthalpy change due to work
and due to heat transfer. This station is numbered 4.5, and is defined as being after all work has been
done, yet before any heat has been transferred. That is:
cc t4 cool t-cool cool2 t-cool2
4engine 
engine p
It is now desired to use the definition of turbine rotor efficiency to calculate the rotor total-to-total
pressure ratio, and hence total pressure at the turbine exit. The standard expression for turbine
efficiency cannot however be used, as it applies to an adiabatic and uncooled turbine. Equation (3.19)
below is the equivalent for a cooled, non-adiabatic turbine, using the station nomenclature introduced
above:
Icc (T14 -145 + lhcool (Tt-cool - T45 +*hcool 2 t-cool2 - 14.5
e(fcct4 + cool T-cool + cool2TT-cool2 ' 1 lrotor
(3.19)
With turbine exit total pressure and temperature, and conserving mass flow from the NGV, Mach
number at turbine exit can be calculated. Once Mach number at the turbine exit is known, static
pressure and temperature can be calculated. Total-to-static pressure ratio across the nozzle is then
calculated as a function of the Mach number at turbine exit using the correlation developed by Gong
[5]:
t=1+ 2.2432 _M 5 2(3.20)
P6
This correlation accounts for losses in turning the exit flow through 900 in the exhaust nozzle.
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This allows for the solution of static pressure at exit P6 . This is then the pressure that is compared to
the desired exit static pressure. The difference is used to update NGV exit static pressure and the next
iteration is begun.
Once the iteration has converged according to a stopping criterion based on how close exit pressure is
to the desired target, the output parameters mentioned above are calculated.
Reaction is calculated as the static temperature difference between turbine rotor exit and inlet, divided
by the difference between static temperature at turbine rotor exit, and total temperature at combustor
exit T,.cc.
3.5 MATCHING
The parameters that need to be matched between compressor and turbine include total-to-static
pressure ratio, mass flow and heat transfer. Heat transfer is matched in the linear heat transfer and
conservation of energy model, and total-to-static pressure ratio is matched by the turbine model. The
only remaining parameter then is mass flow. The geometric "knob" available to the designer to match
mass flow is turbine blade span. As a higher mass flow is required by the turbine model, so blade
span is reduced until the mass flow required by the turbine matches that available from the
compressor. The iterative process to perform this matching is controlled by the error in the required
mass flow and the available mass flow.
Figure 3.7 below shows the behavior of the turbine with turbine blade span and NGV exit angle. The
horizontal line represents the mass flow available from the compressor. At different NGV exit angles
therefore, different blade spans are required to match the mass flow. Inlet total pressure also affects
these figures. Figure 3.7 is for a combustor exit total pressure of 2.5atm.
3.6 FRICTION Loss MODELS
Friction loss in the gaps between the rotating and static structure has been modeled. Heat generated in
small gaps with one stationary and one moving wall is proportional to the shear in the gap. The heat
generated in an annular gap can thus be modeled as follows:
55
0.5
0.45-
0.4-
0.35- turbine blade span = 300um
0.3 ~ 200um
mass flow in a 00um c pressor
E 0.25
0 .1
C,,
CzE 0.2
1 00um
0.1 -
0.05
0.
20 30 40 50 60
NGV exit angle [deg]
Figture 3.7: Mass Flow versus NGV exit angle and turbine
turbine model with a combustor exit total pressure of 2.5atm.
1 (
q1-n -2I
70 80 90
blade span, as calculated by the
2,R
tp . 21R
c
(3.21)
where: 4 ,,, is the rate of heat generation in the gap, in Watts.
, is journal eccentricity.
p is the dynamic viscosity of the fluid in the gap, which is temperature dependent.
U,;, is tip speed of the rotor.
R is rotor radius.
L is bearing length.
c is bearing gap.
This equation can be applied to both hydrodynamic and hydrostatic bearings (e = 0 for the latter.)
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Since the results of this model are temperature dependent, they are calculated anew at each iteration
of the heat transfer and conservation of energy model. As an example of the magnitude of the result,
the following numbers come from a representative journal bearing in the demo engine, where:
= 0, (the journal bearing of this device is hydrostatic.)
33.8x10-6 Ns/m2 , calculated for air at 950K [13]
U,i, = 375 m/s, i.e. for a 6mm diameter rotor at 1.2x 106 rpm.
R = 3 mm,
L = 300 gm,
c =11 pIm,
Inserting these into equation (3.21) yields:
4gen-j = 2.44 W
For the case of the gap around the rim of the impeller in the demo engine:
s=0
32.9x10-6 Ns/m 2 , calculated for air at 900K [13]
Uip = 500 m/s
R = 4 mm
L = 300 jim
c = 100 pm
yielding:
4gen-rirn = 0.62 W
3.7 JOURNAL HEAT TRANSFER MODEL
3.7.1 Overview
This section discusses the heat transfer model describing the flow of heat across the journal gap and
the gap around the rim of the impeller (hereafter to be referred to as the rim gap.) For the case of this
discussion, the static structure that forms the outer wall of these gaps is assumed a known
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temperature. As shall be seen is chapter 6 however, the temperature of this structure is dependent on
the cooling flow passage design.
In addition to calculating heat transfer across the gaps, the model also estimates the exit temperature
of the journal flow. Its first application was to evaluate whether the journal gap could effectively be
used to provide cooling air to the turbine. The results of this analysis are also presented in chapter 6.
The model discussed here is thus the stand-alone model used to evaluate the journal gap as a cooling
air flow passage. When incorporated into the heat transfer and conservation of energy model of the
turbomachinery, the "inputs" become further unknowns in the system.
Similar to the heat transfer and conservation of energy model of the turbomachinery, the basic
structure of the journal heat transfer model is simply an accounting of enthalpy rise in the gaps, and
convective heat transfer from the walls. No radiation heat transfer is included for reasons that shall be
made clear when radiation is discussed in chapter 6.
The model assumes the following parameters as inputs:
" Wall Temperatures of compressor and turbine,
* Journal bearing gap mass flow rate,
" Compressor impeller exit total temperature (from which the journal air is assumed to be drawn)
e Geometry
The flow is assumed to pass from the impeller exit, around the rim of the impeller to the backside
plenum, from which it then passes into the journal bearing gap. It travels through this gap to enter the
turbine flow on the outer edge of the turbine rotor disk. For analysis purposes, the flow is broken into
two parts: an "impeller rim gap" flow, followed by a "journal bearing gap" flow. There is a "backside
plenum" flow between these two, but any heat transfer in or across this flow shall be neglected to first
order. Hereafter therefore, the flow shall be discussed as two separate flows, referred to as the "rim
flow," followed by the "journal flow."
Heat transfer coefficients are calculated as a function of mass flow and inlet and outlet temperatures,
on both the journal and bearing walls, for both the rim and journal flows. Rim flow inlet temperature
is the compressor impeller exit total temperature, while the journal flow's inlet temperature is the
calculated exhaust temperature of the rim flow.
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In each of these flows (rim and journal,) heat transfer is considered across the rotor wall, across the
journal wall, and as generated by viscous drag. The convective heat transfer on each wall is modeled
as a 1-D convective heat transfer between the wall temperature and an average gas temperature, as
was the case when modeling the turbomachinery:
q = hA(TwaI - Taeage ) (3.22)
Precisely what Taverage means will be discussed in section 3.7.3. In the case of the heat transfer across
the rim gap's rotating wall, Twai is taken as compressor wall temperature. In the case of heat transfer
across the journal gap's rotating wall, Twat is taken as the average of turbine and compressor wall
temperatures. In both cases of heat transfers across the walls of the static structure, Twall is taken as a
constant, which is known as an input.
The heat generation terms are simply the heat generated by friction, as described in section 3.6.
The model calculates exhaust temperatures by considering enthalpy rise and the first law [14].
T 0, = Ti" + Y (3.23)
mc,
where c, is estimated assuming 950K in the journal gap, and 900K in the impeller rim gap.
3.7.2 Heat Transfer Coefficients
In most texts, the derivation of convective heat transfer coefficient h and Nusselt number for the case
of flow through annular ducts or parallel plates assumes Poiseuille flow. The flow through the journal
bearing gap is not pure Poiseuille flow however, as there is rotation. In the case of a hydrodynamic
bearing, it is Couette flow. In the hydrostatic case however, it is a combination of both, as Couette
flow neglects the axial movement of the fluid. The Reynolds analogy was used to estimate h in the
annular journal bearing duct. Before this is discussed however, it is necessary to show that the flow in
fact remains laminar, as this is critical in establishing a representative convective heat transfer
coefficient.
For the original engine design, with thengine = 0.36g/s, a rotational speed of 1.2x 106 rpm, and a journal
mass flow of 5% of the compressor inlet mass flow, a Reynold's number based on hydraulic diameter
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ReDh of 95.5 is calculated for the gap (assuming a temperature of 950K and a pressure of 180kPa in
the journal gap.) According to Kays and Crawford [15], a fully developed laminar flow in a duct is
stable if the Reynolds number based on hydraulic diameter is less than 2,300. This gap is thus
comfortably laminar and stable.
Incropera and DeWitt [7] state two requirements for use of the Reynolds analogy:
dP 0
dx
and, Pr = 1,
The pressure ratio is unlikely to be large, but Prandtl number at 950K is 0.705 [9]
Incropera and DeWitt [7] suggest a correction to the Reynolds' analogy for 0.6<Pr<60. This "Chilton-
Colburn" analogy is:
2 Cf
St Pr = ' (3.24)
2
where St =Stanton number= h
V- p 
-
Cf= local friction coefficient = "
p (V 2 /2)
du
To= shear stress = A
dy wl
where y is a dimension spanning the gap, in this case therefore, radially.
Therefore, in order to calculate St (and thus h) on each wall of the journal gap, the velocity profile is
required. This profile is assumed to be linear in the circumferential plane, and parabolic in the axial
plane, resulting in a profile the magnitude of which is shown in figure 3.8.
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Figure 3.8: Velocity magnitude profile across the journal bearing gap, for journal bearing mass
flow = 5% of an compressor inlet mass of 0.36 g/s. y is the spatial dimension spanning the gap.
The gradient at either end of this profile was calculated in MATLAB, and is assumed as constant to
first order:
du 
=8.24 x10 7 Is
dy static
du 
= 3.53x10 7 Is
dy rotating
With these, ro can be calculated, as then can Cf. Stanton number is then just the function of Cf and Pr
quoted as equation (3.24) above. With Stanton number known, h is simply calculated. It is however
dependent on temperature, which will differ at the journal bearings flow's entrance and exhaust. h is
thus calculated at both entrance and exhaust, and averaged to obtain a value that can be used in the
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model. As a representative example, assuming a temperature of 950K at the entrance of the journal
gap, a flow being heated by viscous friction only yields:
hs.;= 21,816 W/m2 K
hr-j = 9,367 W/m 2K
where subscript r refers to the rotor, and s to the stator. These numbers are high and a check of order
of magnitude was deemed necessary. A suitable, although crude, check comes from finding the
Nusselt number for a Poiseuille flow in an annular duct, where one surface is heated. Kays and
Crawford [15] suggest that for an annular duct where the ratio of inner and outer radii tends to 1,
Nu = 5.385
on both surfaces. Shah [16] suggests that,
Nu = 4
on both surfaces for fully developed flow between parallel plates, when both walls are heated.
Using the first of these two approximations of Nusselt number, at 950K, results in:
hk = 17,026 W/m 2K,
while the second, also at 950K, results in:
hk= 12,650 W/m2K
These confirm order of magnitude.
In use, the convective heat transfer coefficients are calculated as a function of temperatures, and so, as
with friction loss, are recalculated at each iteration of the turbomachinery model.
3.7.3 Average Temperatures
Since the heat transfer across the journal flow is a 1-D model referring to the fluid with a bulk
temperature, some average temperature must be assumed as the temperature of this fluid, as it appears
in equation (3.22). This temperature is critical in defining the heat transfer. An initial assumption of
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Taverage as the mean between Ti, and T,, was attempted. In the situation in which the wall is heating
the flow however, this average is too low and results in an overprediction of the temperature T,,,. This
behavior is explained by the following. The solution procedure effectively adjusts T, to match the
4 appearing in equation (3.22) to equal the 14 appearing in equation (3.23). T, appears directly in
equation (3.23) and indirectly through the definition of Taverage in equation (3.22). By assuming Taverage
as the mean of T., and Ti,, one is assuming a linear temperature variation along the gap (in the axial
direction of the engine.) The effect is that in the case of the wall heating the flow - which is the case
of interest here - this can easily result in T,, exceeding the hottest temperature in the system (Twai.)
Such a linear assumption is obviously incorrect. In reality, with a hot wall, the temperature will rise
more rapidly near the entrance, with heat flux being much lower towards the end of the duct than at
the start, because of the reduced temperature differential with the constant temperature wall. The
curve of temperature versus distance along the gap (or flow time) will be hyperbolic. The question
then arises as to what the average temperature should be. Clearly the higher the average (i.e. the
closer to T, in this case,) the lower will be the resulting prediction of T,, (a smaller temperature
gradient between the average gas temperature and the hot wall.) Precisely what the temperature
variation along the gap is can be determined with a more complex, higher order analysis. Gong, using
2-D CFD, performed such an analysis. The results show that equilibrium of the temperature profile is
reached very soon after the entrance of the flow into the rim gap. The temperature profile across the
gap is established before it enters the journal gap, meaning that equilibrium is effectively established
before entry into this gap. This CFD analysis assumes a constant rotating wall temperature, as well as
a constant static wall temperature. The extension of this result to the I-D model under consideration
in this section is that the majority of temperature rise occurs very near to the entrance of the duct, and
so it is quite reasonable to assume that Taverage- T,,, for both the rim gap and journal gap flows. This
has been done for both in this model.
Note that the cooling flow passages do not use this model, but employ a more rigorous convection
heat transfer model, which shall be discussed in chapter 6.
3.8 CHAPTER CONCLUSIONS
In this chapter it has been attempted to present a comprehensive picture of the thermodynamic system
model that forms the core tool for the thermal design of the cooled microengine. The model has been
broken down into a heat transfer and conservation of energy model of the turbomachinery, a
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compressor model, a turbine model, a friction loss model, a journal heat transfer model and a model
for the matching of mass flow between the turbine and compressor leading to the choice of turbine
blade span. Each of these models has been discussed, and the equations from which they are formed
presented where required.
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Chapter 4: System Behavior
The purpose of this chapter is to discuss the behavior of the system as a whole by means of
parametric analysis. The thermodynamic system model is used on its own, with cooling and cooling
effectiveness parameters input by the user, so that their effect on the system can be established, as can
that of other parameters, independent of cooling passage design and the manner of coolant injection.
The purpose is to gain a thorough understanding of the behavior of the engine system, so that a
solution can be more effectively pursued. This is broken down into three major sections. First, the
behavior of the system without the effect of mass flow matching on blade area for heat transfer is
investigated. This is referred to as the "uncoupled" system. This effect is included for the second
section which therefore deals with the "coupled" system. The third section then attempts to establish
the most effective means of increasing turbine power, with the aim of closing the cycle. Geometry
that is kept constant for all the solutions in these sections is detailed in table 4.1.
Table 4.1: Geometry held constant for all solutions
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Parameter Value
Compressor rotor diameter 8mm
Compressor disk thickness 300gm
Journal bearing length 300gm
Journal bearing gap width 10.5gm
Compressor rim gap width 100gm
Compressor blade design Youngren 9/6/98
Turbine solidity 1.08
4.1 BEHAVIOR OF THE UNCOUPLED SYSTEM
Since the mass flow is matched in every calculation, turbine blade span is not constant. This produces
complex interactions between the effect of the parameter of interest and the effect of blade span. It is
advantageous therefore to first consider the cycle's behavior without this coupling.
The manner in which blade span is "uncoupled" is not obvious. Essentially two alternatives are
available:
. Allow turbine blade span to be varied to match mass flow, but then fix it in the heat transfer
equations. This cuts out the coupling of blade span with respect to heat transfer, and allows the
mass flow to be matched for a full range of input parameters.
. Fix the blade span for both matching and heat transfer. The advantage of this approach is that
all coupling effects, those expected in heat transfer as well as others not expected, will be
removed. However, mass flow cannot be matched if blade span is not varied. If mass flow is not
matched, then the turbine performance is not relevant to the cycle, and so the results are not
representative of the engines behavior, coupled or not.
The former of the two approaches was chosen. The fact that only the heat transfer effects of variable
Table 4.2: Baseline values of parameters in the parametric analysis
Parameter Baseline Value
Compressor blade span 400 m
Turbine rotor efficiency 0.85
Disk cooling mass flow m 15% of compressor inlet mass flow
Blade cooling mass flowlkool 2  10% of compressor inlet mass flow
Adiabatic Effectiveness on the disk rfi,, 75%
Adiabatic Effectiveness on the blades rfit2 60%
Disk cooling air temperature 700K
Turbine inlet temperature 1600K
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blade span are being decoupled is not a problem as this is in fact the very effect that is to be observed.
All figures in this section and the next show the affect of variation of one or more parameters on cycle
parameters of interest. For all figures, unless specifically stated otherwise, the parameters kept
constant hold "baseline" values as quoted below in table 4.2. If a parameter is not therefore specified
in the figure, it can be assumed to hold the value presented in this table.
4.1.1 Effect of Aap
Figure 4.1 shows the variation of turbine and compressor wall temperatures with shaft area (set as a
percentage of a solid 6mm diameter shaft) and disk coolant temperature. As shall be seen when the
coupled problem is investigated in the next section, the effect of Ashaft is somewhat complicated, and
unintuitive. It is therefore very valuable to investigate its uncoupled effect first. Figure 4.2 shows the
effect of Asaft and Te,,, on total turbine heat transfer taken as positive when flowing from the fluid to
the wall.
1200 
-- Tw_t: Tcool = 700K
1100- -- --- Tw_c: Tcool = 700K
-0&A Tw_t: Tcool = 600K
1.1000-
- - -A--- Tw_c: Tcool =600K
900 - x Tw_t: Tcool =500K
80E !::i~~!! x- - Tw t: Tcool =500K
700 -
600
0% 2% 4% 6% 8% 10% 12%
Shaft Area [% of solid]
Figure 4.1: Turbine and compressor wall temperatures Tw_t and Twc versus rotor shaft cross
sectional area (as a % of a solid 6mm diameter shaft) and disk coolant temperature Tcool.
Uncoupled solution.
Figure 4.1 suggests that as Aaft increases, the two wall temperatures approach one another, or rather
each to some temperature asymptote. As shaft area increases, ATwa between turbine and compressor
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Figure 4.2: Total turbine heat transfer versus rotor shaft cross sectional area and disk coolant
temperature Tcool. Heat transfer is positive when flowing from fluid to wall. Uncoupled
solution.
tends towards a constant. So then should heat transfer, and this is what figure 4.2 suggests. Heat
transfer increases as shaft area increases, but approaches a constant heat transfer asymptote. This
increase in heat transfer can be understood in light of equation (3.13), which is repeated here:
4eo = *CSA 1 af (Twajit -Ta -c)q~0~d = Ls,.aft
As Ashaft increases, heat transfer should increase proportionately, except that there is an associated
reduction in the difference (Twau-, - Twan-c), which slows the increase. To understand the asymptotic
behavior, one needs to look at what drives down the temperature difference. As Ahaft increases, heat
transfer increases, as per the proportionality in the above equation. An increase of heat transfer
between the turbine and compressor requires an increase in heat transfer at the turbine. Neither the
surface area nor convective heat transfer coefficient on the turbine are changing, and so the only way
for 4 ,_,,,a to follow 4eon is for the temperature difference across the turbine to increase - whether it
is on the blade or disk is not relevant at this point. Since turbine flow temperature and hence cooling
layer temperatures are not changing, this can only occur with a decrease in Twan.,. At the same time
however, an increased 4c.. transfers more heat to the compressor and so Twaiic increases. The
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combined effect is to reduce ATwa, and thus act essentially as negative feedback, to reduce the heat
transfer. As Ashaft increases therefore, equilibrium is approached where further increase in Ashaft will
not further increase heat transfer or reduce ATwa,.
4.1.2 Effect of Teool
It addition to the affect of Ashaft, it is also interesting and useful to look at the effect of cooling on the
uncoupled cycle behavior. This is done here by looking at the effect of Te00 1 . Figures 4.1 and 4.2 show
the effect on wall temperatures and total heat transfer, while figure 4.3 below shows the two
components of heat transfer - that through the blades, and that through the disk.
Decreasing coolant temperature decreases turbine wall temperature slightly: 6% for a 29% decrease in
coolant temperature. Compressor wall temperature is even less sensitive to Teoo1 . The effect on Twai-, is
invariant with Ashft, whereas that on Twai-e increases with increasing shaft area. Total heat transfer
decreases by 11% for the same 29% decrease in Teoo1 . The effect of Te00 1 is to reduce the cooling layer
temperature and hence the temperature differential in the turbine. This decreases heat transfer to the
turbine wall, and hence its temperature. The affect is only fully felt at the compressor when the above
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Figure 4.3: Heat transfer through the turbine blades (a) and disk (b) versus rotor shaft cross
sectional area and disk coolant temperature Tcool. Again, heat transfer is positive when flowing
from fluid to wall. Uncoupled solution.
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mentioned equilibrium has been reached in terms of Ashaft, hence the increased sensitivity of this
temperature with increasing Ashaft. For lower Ashaft it is "damped" by the non-equilibrium behavior
discussed above.
Figure 4.3 shows the effect of Teco, and Ashaft on the individual heat transfer contributions from blades
and disk. On first look, the results are confusing. Disk heat transfer is close to zero and negative (i.e.
flowing from wall to fluid.) The turbine is actually losing heat to the fluid, through the disk. This can
be explained by the lower cooling effectiveness and higher coolant temperature on the blades than on
the disk. This means that the cooling layer temperatures are vastly different - that on the blades being
in the region of 400K higher than on the disk. Heat transfer to a common and lower wall temperature
would thus be significantly higher on the blades than the disk. Total heat transfer however must
balance that required by shaft area and ATwa,. This requirement might, as is the case here, result in a
turbine wall temperature that is between the two cooling layer temperatures. In such a situation, the
correct amount of heat transferred to the turbine will involve more than necessary through the blades
(from the higher cooling layer temperature to the wall temperature), and then losing the excess,
through the disk (from the wall temperature, to the lower cooling layer temperature.) This behavior is
not observed when the cooling layer temperatures on blades and disk are more similar.
Considering these two plots with respect to the effect of coolant Te,,,, one sees that heat transfer from
the fluid to the blades actually increases, whereas flow from the fluid to the disk, decreases (or
becomes more negative in this case.) This is explained by the fact that Tc,,, is disk coolant
temperature. It shall be remembered that blade coolant is assumed to take the temperature of the
turbine wall through which it is injected. Disk heat transfer is thus expected to decrease. Blade heat
transfer on the other hand may, at first thought, be expected to remain unaffected. However, disk
coolant temperature indirectly affects the cooling layer temperature on the blades through its affect on
T,.cc. This combustor exit temperature has been set such that mass averaged turbine inlet temperature
is a constant T,4. This includes coolant. So, as Tc,,r decreases, T,.cc increases, resulting in an increased
Te12, and hence increased heat transfer on the blades. Turbine wall temperature is also decreasing,
further increasing AT across the blades.
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4.1.3 Effect of turbine blade span
The effect of turbine blade span on the uncoupled system behavior is important, as it is this effect that
will be coupled with the others as the matched engine is investigated in the next section. Blade span
in this parametric analysis refers to the turbine blade span used to calculate heat transfer through the
blades. Figure 4.4 shows its effect on wall temperature.
1200 1
1100-
1000 -
900 -
800 -
700-
600
0% 2% 4%
Shaft
6% 8%
Area [%of solid]
Figure 4.4: Turbine and compressor wall temperatures Twt and Twc versus rotor shaft
sectional area and turbine blade span. Uncoupled solution.
The results show an 8% increase in wall temperature for an increase from 300jm to 500jm. This is
accompanied by, and the results of, an increase in total heat transfer of 20%, or 7W. This increase in
heat transfer is the result of an increase of 13W through the blades, and a decrease of 6W on the disk.
The increase through the blades is a direct result of increased blade surface area. The decrease on the
disk results from the increased turbine wall temperature creating a larger AT, since Twan.,> T 1 .
4.2 BEHAVIOR OF THE COUPLED SYSTEM
This section has been broken into two parts. The first deals with the behavior of the system regarding
cooling, and considers the effect of certain parameters primarily on cooling. This is achieved by
allowing turbine wall temperature to vary. The second section deals with the behavior of the system
regarding shaft output power. It was found to be more useful to fix turbine wall temperature for this
analysis.
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4.2.1 Cooling related Parameters
4.2.1.1 Effect of Ashaft
Figure 4.5 shows the behavior of turbine and compressor wall temperatures as a function of shaft area
and coolant temperature. It is the coupled equivalent of figure 4.1. The associated variation of blade
span and hence turbine area is shown in figure 4.6. Figure 4.5 shows a significant effect of coupling,
i.e. to turn the asymptotes to which the turbine and compressor wall temperatures tended without
coupling, into asymptotic lines of positive slope. Turbine wall temperature no longer tends to a
constant value with increasing Ashaft, but turns through a minimum to tend towards a line of increasing
temperature with increasing Ashaft.
Figure 4.7 shows total turbine heat transfer and Stanton number based on this heat transfer, as a
function of Ashaft and Te00,. Stanton number is defined as follows:
St = A (4.1)
APVNGVexit COp
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--- Tw_t: Tcool = 700K1000 _
950 - ---- Tw_c: Tcool = 700K
C. 900- A Tw_t: Tcool =600K
E -
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= 800 . -- -'-nTw_t: Tc ool = 500K
-750 - - -x - Tw_c: Tcool = 500K
700-
650
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Figure 4.5: Turbine and compressor wall temperatures Twt and Twc versus rotor shaft cross
sectional area and disk coolant temperature. Shown for the case with blade span varying
according to matching. Coupled solution.
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Figure 4.6: Turbine blade span (a) and total turbine area (b) versus rotor shaft cross sectional
area and disk coolant temperature. Both areas are shown as a % of a solid 6mm diameter shaft.
Coupled solution.
45-
40-
35-
30-
25-
20-
15 -+ Tcool = 700K
10 - -- Tcool = 600K
5 - - Tcool = 500K
0 , 1
0% 2% 4% 6% 8%
Shaft Area [% of solid]
(a)
a)
I-
0
4)
0
(U
(
C
(U
0.012-
0.01 -
0.008 -
0.006 -
0.004 -
0.002 -
0 }-
0% 8%2% 4% 6%
Shaft Area [% of solid]
(b)
Figure 4.7: Total heat transfer in the turbine (a) and Stanton number based on this heat
transfer (b), versus rotor shaft cross sectional area and disk coolant temperature. Coupled
solution.
NGV exit velocity is used as the velocity of reference. Density is calculated at turbine adiabatic wall
temperature 1.
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The rate of increase of heat transfer with shaft area decreases at first, on its way to tending towards a
constant. This behavior can be attributed to the fact that turbine blade span in no longer constant but
varying.
Blade span increases as shaft area increases in order to match mass flow. This required increase in
area is the result of increased heat transfer. An increase in heat transfer means an increased enthalpy
drop across the rotor. For constant rotor efficiency, an increased enthalpy drop coincides with a
decrease in total-to-total pressure ratio. Since the matching of nozzle exit pressure to 1.1 XPamibient sets
turbine exit pressure, this decrease in pressure ratio must be accompanied by an increase in NGV exit
pressure. This increased pressure coincides with a decrease in velocity according to the 1 -D
momentum equation, and so to match mass flow, NGV exit area must be increased.
The nearly linear increase in blade span results in an nearly constant increase in heat transfer area
which will therefore change the behavior discussed in section 4.1, such that the "equilibrium"
condition of constant ATwall is still reached, but must involve a constant increase in heat transfer, and
hence of each wall temperature. The asymptotes of wall temperatures as well as heat transfer are thus
lines of positive slope.
This effect of coupling can be further understood by looking at the individual components of turbine
heat transfer once again. Figures 4.8 and 4.9 show blade and disk heat transfers, as well as Stanton
numbers based on each.
Heat transfer on the blades increases very nearly linearly with shaft area, explained in the same
manner as total heat transfer behavior was explained above. On the disk however, the behavior is less
easily explained. If these curves are however compared to the heat transfer through the disk for the
uncoupled case in figure 4.3, it seems that they have been turned from tending towards a horizontal
asymptote, towards tending towards one of negative slope. This is a direct effect of the behavior of
Twaii., This is confirmed by the Stanton number curve for this heat transfer, which shows no such
curious behavior, meaning that the shape of q,-dik in the numerator is compensated by the behavior
of (Tc1 - Twall-) in the denominator.
Figure 4.10 shows the effect that Ashaft has on shaft output power of the coupled system. The effect is
explained by the decrease in velocity at NGV exit associated with the increase in heat transfer.
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Figure 4.8: Heat transfer through the turbine blades (a) and Stanton number based on this heat
transfer (b), versus rotor shaft sectional area and disk coolant temperature. Coupled solution.
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Figure 4.9: Heat transfer through the turbine disk (a) and Stanton number based on this heat
transfer (b), versus rotor shaft sectional area and disk coolant temperature. Coupled solution.
Torque is directly proportional to this velocity, (see equation 3.16) and turbine power directly
proportional to torque.
75
60
50
10
0
-+- Tcool = 700K
-*-Tcool = 600K
-X- Tcool = 500K
a,
0)
0
a,
a,
a,
I-
a,
a,
=
a,
3
I-
a,
0
-
'
*0.0*
-+-Tcool = 700K
-A- Tcool = 600K
--- Tcool = 500K
0% 1% 2% 3% 4%
Shaft Area [% of solid]
5% 6% 7%
Figure 4.10: Shaft output power versus rotor shaft sectional area and disk coolant Temperature.
Coupled solution.
Figure 4.11 and 4.12 show the effect that Ashaft has on compressor efficiency and pressure ratio. Both
show a decrease with increasing shaft area. This is courtesy of the increased heat transfer associated
with the increase in shaft area.
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Figure 4.11: Compressor efficiency versus rotor shaft sectional area and disk coolant
Temperature. Coupled solution.
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Figure 4.12: Compressor pressure ratio versus rotor shaft sectional area and disk coolant
Temperature. Coupled solution.
4.2.1.2 Effect of Teoo
Figures 4.5 through 4.12 show the effect of coolant temperature. No longer is the effect on wall
temperature entirely independent of Ashaft, as was the case in the uncoupled solution (see figure 4.1.)
This is because Tco, affects the variation of turbine blade span. This affect can be seen in figure 4.7.
As shaft area increases, a lower coolant temperature reduces the rate of increase of turbine blade span.
It has been said that the cause of the increase in blade span with Ashaft is the increase in heat transfer.
This heat transfer is reduced by reducing the temperature of the blade cooling air, and so the effect on
turbine blade span is reduced. The ultimate effect of reducing coolant temperature is therefore to turn
the "asymptote" that Twalt, tends towards, to a line of smaller positive slope. The effectiveness of
reducing coolant temperature by 29% (from 700K to 500K) at 1% shaft area, is a 7% drop in turbine
wall temperature. Total heat transfer drops by 2.3W, or 14%. This comes from a 5.6W increase in
heat transfer out of the disk, and a 3.3W increase in heat transfer into the blades. The increase in disk
heat transfer is due to the lowering of the cooling layer temperature on the disk, due to the lower
temperature of the coolant injected into it. The blades are not subject to coolant at this temperature,
but coolant at wall temperature, and so the behavior of these curves with coolant temperature is not as
clear. See figure 4.8. Using the definition of cooling effectiveness (equation 3.11) and the assumption
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that Tcoo1 = Twai.,, the temperature differential driving heat transfer on the blades can be reduced to the
following equation:
AT = (1 - rl p,,, )T, + (Tb1,,, - 1)Twait (4.2)
T, is governed by T,.cc as well as heat transfer (through its effect on T,5.) A decrease in Te,0, produces
an increase in T,., which will therefore produce an increase in T . Furthermore, a decrease in Te001
produces a decrease in total heat transfer and hence increase in Ts. This will also serve to increase f,.
Twall- is however reduced by a reduced Te001. These conflicting effects are what produce the apparent
crossover in the effect of Teool observed in figure 4.8.
The effect of Te001 on St is also shown for the blades and disk in figures 4.8 and 4.9 respectively, and
the effect on total heat transfer shown in figure 4.7. The similarity of the blade and disk figures
confirms the importance of the indirect effects of changing a cooling parameter that only effects one
element on the turbine, which then spreads that effect to the other element.
Also of importance is the effect Teoo1 has on shaft output power. Figure 4.10 indicates that this effect
is to increase output power slightly, and that this increase is more effective as shaft area is increased.
This is as a result of the greater effect that coolant temperature has on heat transfer, as shaft area is
increased. For similar reasons, the effect of a lower coolant temperature to increase both compressor
efficiency and pressure ratio is courtesy of the reduced heat transfer associated with the lower Teool.
4.2.1.3 Effect of fylim
The remaining figures in this chapter show the variation of output parameters of interest, such as wall
temperature and power output, as a function of turbine inlet temperature T,4 on the abscissa, and the
particular parameter of interest on the ordinate. These figures all apply to a shaft area of 1 %.
Figure 4.13 shows the effect of turbine inlet temperature and cooling effectiveness on turbine and
compressor wall temperatures. Cooling effectiveness is the same on the disk and the blades.
An increase of 20 points in adiabatic cooling effectiveness, from 70% to 90%, results in a 23%
reduction in turbine wall temperature at 1600K turbine inlet temperature. Compressor wall
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Figure 4.13: Turbine and compressor wall temperatures Twt and Twc versus turbine inlet
temperature and turbine adiabatic cooling effectiveness eta-cool (equal on blades and disk).
Coupled solution.
temperature is reduced, but by only 7%. Total heat transfer is very significantly reduced by 47% for
this increase in cooling effectiveness. This change in heat transfer occurs primarily as a result of a
reduction in turbine blade heat transfer resulting from the affect of 77p.. in the first term of equation
(4.2). On the disk, heat transfer from the disk into the flow actually decreases - contributing adversely
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Figure 4.14: Shaft power out versus turbine inlet temperature and turbine adiabatic cooling
effectiveness eta-cool (equal on blades and disk). Coupled solution.
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to the total decrease in heat transfer into the wall. This is despite the increase in its own adiabatic
cooling effectiveness. This is because the wall temperature is decreasing faster (by 241K for 20 points
in ip1 ) than the cooling layer temperature is decreasing as a result of the improved adiabatic
effectiveness (204K for 20 points in 7,).
The effect of cooling effectiveness on shaft output power is shown in figure 4.14. At 1600K, output
power is only improved by 1W (i.e. 4.5%) by the 20 point increase in cooling effectiveness used in
this analysis. Its sensitivity to cooling effectiveness increases as turbine inlet temperature increases.
At 2200K, the 20 points gives 3W of additional power.
4.2.1.4 Effect of Tt4 on Twai-t
The figures in sections 4.2.1.3 and 4.2.1.5 following show the effect of turbine inlet temperature, in
addition the cooling parameters discussed in those sections. The effect of T,4 shall be discussed in
more detail in section 4.2.2.4, however the affect of T,4 on Twat-, cannot be investigated in that
analysis, as Twaii-, is set to 950K by variation of qf,, in all cases. This shall therefore briefly be
commented upon here.
Figure 4.13 shows an increase in turbine wall temperature with increased turbine inlet temperature.
This is expected for a case where everything else is held constant, as an increase in T,4 will increase
Ti and hence both Te1 and T, 2 . Heat transfer on the blades increases as expected, but again, that on the
disk behaves opposite to the expected. By increasing T,4 from 1500K to 2200K, Te1 is increased by
250K, whereas Twaii, is increased by 381K. Heat flow from the disk to the fluid is thus increased.
4.2.1.5 Effect of th
It is when considering the effect of the variation of rhe001 that the manner of coolant injection needs to
be considered. Injection from both a stationary frame and from a rotating frame shall be analyzed in
this section. When injected from a stationary frame, it is assumed that the flow will pass through the
NGV channels, although the coolant can be injected from the stationary frame, but downstream of the
NGVs. This shall be done and investigated in chapter 7.
Figure 4.15 shows the effect of varying coolant mass flow that is injected from the rotating frame, on
wall temperatures. This mass flow is sent to both the blades and the disk, so that total coolant mass
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flow is 2 x the rh , labeled. In this analysis, disk coolant is still assumed to be at Te0,,, rather than
turbine wall temperature, as blade coolant is. If rotating injection is actually performed however, this
temperature is more likely to be closer to Twar., than Te,,t. The trends and lessons of the analysis hold
nonetheless, and when incorporated into cycle design in chapter 7, it will be taken as Twart when
injected from the rotating frame.
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Figure 4.15: Turbine and compressor wall temperatures Twt and Twc versus turbine inlet
temperature and coolant mass flow mdotcool. (mdotcool is sent to each of the disk and the
blades.) Coupled solution.
Turbine wall temperature is seen to increase by 4% as coolant mass flow to each of blades and disk is
increased from 5% to 15%. Compressor wall temperature is barely affected at all. This is as a result of
an increase in total heat transfer to the turbine of only 1.1W. This increase in heat transfer is a result
of the increased combustor exit temperature T,-ce required to maintain a constant mass averaged
turbine inlet temperature. Normally, an increased coolant mass flow would produce an increase in
cooling effectiveness, and hence, a reduction in Twat. In this analysis however, the two parameters
are being treated independently, and so 941,. is being held constant.
The trends shown in this figure do not change when coolant is injected from a stationary frame.
The effect on Twaiit, although negative, is small for the case shown in figure 4.15. The effect on shaft
output power is however not small, and this is as a result of injection from the rotating frame. This is
shown in figure 4.16. The equivalent figure for disk coolant injected in the stationary frame, allowing
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the coolant flow to pass through the NGVs, is shown later as figure 4.17. Blade coolant mass flow is
held constant for this latter figure.
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Figure 4.16: Shaft output power versus turbine inlet temperature and coolant mass flow
mdot cool injected from the rotating frame. (mdotcool is sent to each of the disk and the
blades.) Coupled solution.
Increasing coolant mass flow to each of the blades and the disk from 5% to 15% of compressor inlet
mass flow results in a 6.5W decrease in output power. Being injected from the rotating frame, as
discussed in section 3.4, means that this mass flow is not included in the calculation of torque. Since
torque is directly promotional to combustor exit mass flow in this case, it is decreased by the increase
in coolant mass flow. This is converted into a decrease in turbine work, and hence total output power
of the shaft. Figure 4.17 below shows the case where only blade cooling mass flow is injected from
the rotating frame, and this flow is kept constant at 5% of ieni, . ncool is injected from the
stationary frame, and is allowed to pass through the NGVs, and so is turned to the same tangential
velocity as the combustion chamber exhaust flow, and therefore contributes to torque. Disk coolant
mass flow is varied in this analysis from 5% to 15% with a decrease in shaft output power of only
1.1W.
It should be noted that the manner of treating the case of cooling air through the NGV is not entirely
accurate, as mass flow in the NGV has been matched as if it were combustor air alone. The above
result should therefore just be treated as an explanation of where the effects on shaft output power in
4.15 come from, rather than a source of accurate numbers.
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Figure 4.17: Shaft output power versus turbine inlet temperature and disk coolant mass flow
mdotd, injected from the stationary frame. Blade coolant mass flow in fixed at 5% M,engne and
is injected from the rotating frame. Coupled solution.
4.2.1.6 Conclusions regarding Coolant Parameters
SAshaft can be increased to a point at which Twaii- is a minimum. This minimum cannot however be
expected to be much more than 20K lower than the temperature at 1 % shaft area. Increasing Ashaft
to the minimum Twaii., point does however result in a decrease in shaft output power of between
2W and 3W relative to I % shaft area. The reduction in wall temperature doesn't seem worth the
reduction in shaft output power. Conversely, reducing shaft area results in an increase in shaft
output power. A minimum shaft area is therefore suggested.
* Tcool can be reduced to reduce turbine inlet temperature with reasonable effect (7% drop in Twai-,
for 200K reduction in Te.. 1). It does not significantly affect shaft output power for low Ashaft.
" llfin can be increased to achieve a marked reduction in turbine wall temperature, yet with little
change to shaft output power. A 20 point increase in ru,, from 70% to 90% results in a 23%
reduction in Twal-,-
" Coolant mass flow can be reduced to decrease turbine wall temperature, although the effect is not
great. A reduction from 15% to 5% of hn,,gin, on each of the blades and disk produces only 4%
reduction in Twal_,. A high coolant mass flow, if injected from the rotating frame, does however
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significantly reduce shaft output power. If injected from the stationary frame, such that it passes
through the NGVs, the effect appears to be insignificant.
4.2.2 Shaft Output Power related Parameters
All the results generated for this section have constant turbine wall temperature of 950K. This
temperature is set by constant coolant mass flows of 10% of thengipe to each of the disk and the
blades, with the disk coolant at 700K. Disk air is injected from that stationary frame, whilst blade air
is injected from the rotating frame. Turbine wall temperature is set to 950K by varying 1i, and ltjl,2,
which are held equal. Cooling effectiveness was chosen as the "knob" to be turned for this purpose, as
the results of the last section suggest that shaft output power is less sensitive to cooling effectiveness
than the other cooling parameters. It is also the most effective parameter in terms of reducing Twall-t.
Shaft Area is held at 1% of solid. Turbine rotor solidity is also held constant at 1.08.
4.2.2.1 Effect of turbine rotor trailing edge radius
The effect of increasing the turbine rotor trailing edge radius is shown in figure 4.18 and 4.19 below.
4.18 shows shaft output power while 4.19 shows turbine reaction. NGV exit angle is held constant in
these figures. Section 4.2.2.6 shows the effect of holding reaction constant instead, which would be
the usual approach when designing a turbine. The implication of this is discussed further in section
4.3.
Increasing rotor trailing edge radius is a way of increasing exit area. The proportionality is not direct,
as turbine blade span also changes in order to match mass flow in the NGV, which is affected by the
velocity change in the NGV. A turbine trailing edge increase of 66% (from 1.5mm to 2.5mm) results
in an increase in exit area of 46% (for T, = 1600K).
Rotor exit area controls total pressure and hence Mach number at rotor exit. Since this Mach number
is smaller than 1, an increased area leads to a decrease in velocity and hence Mach number (from 0.44
to 0.32.) Total-to-static pressure ratio across the nozzle is a function solely of this Mach number (see
equation (3.20).) Since static pressure at nozzle exit is set to 1.1XPa,,bien,, this means that an increase
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Figure 4.18: Shaft output power versus turbine inlet temperature and rotor trailing edge
radius. Leading edge radius is held constant at 3mm. NGV exit angle is held constant at 760.
1 -
0.9-
0.8-
0.7-
0.6-
0.5-
0.4-
0.3-
0.2-
0.1
0
1400
U U
A A
-L-t.e. radius = 1.5mm
--u-t.e. radius = 2.0mm
---- t.e. radius = 2.5mm
1600 1800 2000 2200
Turbine Inlet Temperature Tt4 [K]
2400
Figure 4.19: Reaction versus turbine inlet temperature and rotor trailing edge radius. Leading
edge radius is held constant at 3mm, and NGV exit angle is held constant at 76*.
in rotor exit area will produce a decrease in total pressure at rotor exit. Considering then equation
(3.19), we see that:
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where subscript 3 refers to rotor exit, and subscript 2 refers to NGV exit. P 2 does not change
significantly (decreases by 3%,) and Ta is set by turbine inlet temperature and cooling parameters,
both of which are constant in this particular analysis. This suggests therefore that a decrease in total
pressure at rotor exit - i.e. P,3 - coincides with an increase in AT, across the rotor. Such an increase
will cause an increase in NGV exit velocity, torque and hence turbine work. This is where the
increase in shaft output power in figure 4.18 comes from. Reaction is the ratio of kinetic energy
change in the rotor as compared to the whole stage. An increase in NGV exit velocity implies a larger
change in kinetic energy in the NGV, and hence a smaller change in the rotor. Reaction therefore
decreases with this affect, as shown in figure 4.19.
It has been mentioned that exit area does not change proportionately with rotor trailing edge radius,
since turbine span is changing at the same time. This span is set such that NGV mass flow matches
compressor mass flow. An increased velocity, as occurs when rotor trailing edge radius is increased,
causes a reduction in the blade span that matches mass flow. This reduction in blade span is then what
prevents turbine exit area from following rotor trailing edge radius.
4.2.2.2 Effect of turbine rotor leading edge radius
Figures 4.20 and 4.21 show the effect of varying rotor leading edge radius and turbine inlet
temperature only. Trailing edge radius is held constant, and blade number set for constant solidity.
Figure 4.20 shows that the effect of leading edge radius on shaft output power is not large. Increasing
this radius from 3mm to 5mm (a 67% increase) results in just a 1.2W decrease in shaft output power.
Reaction however is increased by a significant 34%.
Torque is proportional to the product of NGV exit radius (identical to rotor leading edge radius to first
order) and NGV exit velocity. NGV mass flow is also proportional to the product of these two
parameters, and so, if blade span were not varying, a mass flow matching would produce an NGV
exit velocity inversely proportional to NGV exit radius, which would then yield a constant torque
with NGV exit radius variation, and hence a constant shaft output power. The situation under analysis
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Figure 4.20: Shaft output power versus turbine inlet temperature and rotor leading edge radius.
Trailing edge radius is held constant at 2mm, and NGV exit angle held at 760.
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Figure 4.21: Reaction versus turbine inlet temperature and rotor leading edge radius. Trailing
edge radius is held constant at 2mm, and NGV exit angle held at 76*.
is close to this, except that blade span does decrease by 12%, due to other effects such as density
changes as a result of pressures and temperatures that change with radius variation. This blade span
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decrease results in a decrease in rotor trailing edge area, and so power is decreased by the effect
described in 4.2.2.1.
The decrease in NGV exit velocity to account for the radius increase and the exit area decrease is
80m/s, or 21 %. This means that less kinetic energy has been generated in the NGV and so reaction
will increase with leading edge radius. This is shown in figure 4.21.
The effects of the changes in turbine rotor leading and trailing edge radii on heat transfer are only
evident in this analysis through the values of the cooling parameters required to set turbine wall
temperature at 950K. These were found not to vary significantly with either leading edge or trailing
edge radius.
4.2.2.3 Effect of moving turbine rotor blades to a higher radius
The two effects discussed in section 4.2.2.1 and 4.2.2.2 are combined when the turbine blades are
simply moved out on a larger turbine disk, with blade chord kept constant at 0.96mm. Blade number
again is set by a fixed solidity. The results are shown in figure 4.22 and 4.23.
As NGV exit radius (and rotor blade leading edge radius) is varied from 3mm to 5mm, rotor trailing
edge radius varies from 2mm to 4mm. Turbine blade span decreases from 305gm to 217gm. Rotor
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Figure 4.22: Shaft output power versus turbine inlet temperature and rotor leading edge radius
for constant turbine rotor blade chord of 0.96nmm, and constant NGV exit angle of 760.
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Figure 4.23: Reaction versus turbine inlet temperature and rotor leading edge radius for
constant turbine rotor blade chord of 0.96mm, and constant NGV exit angle of 760.
exit area increases from 3.8mm 2 to 5.5mm 2, i.e. by 45%. The effect this area change has on NGV exit
velocity overrides the increase associated with NGV exit radius increase, such that NGV exit velocity
decreases from 526m/s to 303m/s. This is the cause of the increase in reaction of 22%, and coupled
with the NGV exit radius change, the increase in turbine power, and hence shaft output power, of
10.5W.
4.2.2.4 Effect of Tu4
The effect of turbine inlet temperature is shown in figures 4.18 through 4.23. An increase is shown to
produce an increase in shaft output power. For the baseline case that appears in all figures above (i.e.
3mm leading edge radius, 2mm trailing edge radius,) shaft output power is reduced by 12.5W for an
increase in T,4 of 700K. This behavior is expected, and is a result of a 37% increase in NGV exit
velocity. Reaction is seen to change little with T,4 - there is a slight decrease of 0.044, i.e. less than
7%.
The effect of turbine inlet temperature on cooling and turbine wall temperature has already been
discussed in section 4.2.1.4.
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4.2.2.5 Effect of NGV exit angle
The user sets NGV exit angle as an input parameter. NGV exit angle would usually be set by the
designer in order to set reaction, and so it is worthwhile to look at precisely how it affects the cycle
performance. This is shown in the form of its effect on shaft output power in figure 4.24, and its
effect on reaction in figure 4.25.
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Figure 4.24: Shaft output power versus turbine inlet temperature and NGV exit angle.
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Figure 4.25: Reaction versus turbine inlet temperature and NGV exit angle.
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The above figures show that a small increase in NGV exit angle (40) can produce a 5.7W increase in
shaft output power. It will not however be used as a tool for increasing shaft output power. More
important is its effect on reaction, which is to decrease it from 0.665 to 0.571. These effects coincide
with a 21 % decrease in turbine exit Mach number. This decrease in Mach number is shown in figure
4.26 below, which was generated by the turbine model alone, and does not include matched mass
flow nor heat transfer. Exit pressure however is matched.
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Figure 4.26: Turbine exit Mach number as a function of NGV exit angle. Exit pressure alone is
matched.
Total pressure at NGV exit does not change significantly, so the same logic can be used to explain the
effect of this Mach number change on shaft output power and reaction as discussed in the effect of
turbine rotor trailing edge radius in section 4.2.2.1.
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4.2.2.6 Effect of Reaction
Since the usual manner of designing a turbine is to set reaction with NGV exit angle, it is important to
the understanding of the system behavior to observe the effect of reaction when set this way. Figure
4.27 below shows this effect for reactions of 0.5 and 0.9.
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Figure 4.27: Shaft output power versus turbine inlet temperature and reaction. Reaction is
fixed by varying NGV exit angle.
Shaft output power is in the region of 35W higher for the 0.5 reaction results than the 0.9 reaction
results. This is a result of a higher tangential component of NGV exit velocity, which produces a
higher torque through Euler's equation. This comes firstly from a higher NGV exit velocity itself,
which is a direct result of less kinetic energy change in the rotor, and therefore more in the NGV. In
addition to this effect however, NGV exit angle is in the region of 330 higher for the 0.5 reaction
results. This increases the tangential component of NGV exit velocity.
The behavior of reaction with NGV exit angle, which shows that an increased NGV exit angle is
required for a lower reaction, is shown in figure 4.28. This figure was generated by running the
turbine model with mass flow matching.
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Figure 4.28: Shaft output power versus turbine inlet temperature and reaction. Reaction is
fixed by varying NGV exit angle.
4.2.2.7 Conclusions regarding shaft output power related parameters
" Increasing turbine trailing edge radius, and hence turbine exit area results in an increase in turbine
power and hence shaft output power. Varying turbine leading edge radius does not have a
significant effect on shaft output power.
* As expected, an increase in turbine inlet temperature also produces an increase in shaft output
power. More effective cooling is however required to keep turbine wall temperature below 950K
" Reaction, set by varying NGV exit angle, can be lowered to increase shaft output power. This
involves an increase in NGV exit angle, and so there is a lower limit in reaction, set by the fact
that the NGV angles cannot be increased beyond 900.
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4.3 RECOMMENDATIONS
The results above suggest a number of possibilities for increasing shaft output power. These include:
1. Increasing turbine radius,
2. Increasing turbine inlet temperature while holding turbine wall temperature constant,
3. Decreasing turbine wall temperature while holding turbine inlet temperature constant,
4. Decreasing shaft area, even below 1 % of a solid 6mm diameter shaft.
The third of these possibilities has not been discussed above, yet progresses from the T,4 discussions
in sections 4.2.1.4 and 4.2.2.4. Decreasing wall temperature while holding T,4 constant has the same
effect on heat transfer as increasing T,4 while holding wall temperature constant, and can be expected
to have similar effects on shaft output power.
Section 4.2.2.6 has shown that reaction has a large effect on shaft output power, and preceding
paragraphs have shown the effect of the various parameters on reaction, as well as shaft output power.
Since a turbine is usually designed by setting a specific reaction, rather than a specific NGV exit
angle, it is useful to transform preceding results and understanding into results for constant reaction.
In this way, the effect of reaction can be uncoupled from the effects of the parameters, and the most
useful parameters for increasing shaft output power identified. Reaction is set by varying NGV exit
angle. This is done in the first of the following.
In uncoupling reaction, it was found that increasing exit radius is most effective when blade chord is
held constant, rather than when leading edge radius is held constant. This difference with the previous
results indicated that the effect of increasing exit radius with constant rotor diameter was primarily in
decreasing reaction, rather than directly increasing shaft output power. This is confirmed by figure
4.19, which shows how reaction is affected by increasing exit radius while holding rotor diameter
constant.
Figures 4.39 and 4.30 show the effect of increasing turbine exit radius and turbine inlet temperature
on shaft output power.
These results show that an increase in turbine inlet temperature of 700K can produce a 10W increase
in shaft output power, and an increase in exit radius from 2mm to 3mm can increase shaft output
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Figure 4.29: Shaft output power versus turbine inlet temperature for reactions of 0.5 and 0.6.
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Figure 4.30: Shaft output power versus turbine exit radius for reactions of 0.6 and 0.7. Blade
chord is held constant such that turbine rotor radius is 1mm greater than exit radius.
power by 14W. These effects are expected to be independent of one another considering the behavior
observed in section 4.2.2 where radii variation was plotted with T,4 variation. In the figures in this
section, it was apparent that the behavior was independent, and the same can be expected here.
The above results were expected, yet those following are not. Figures 4.31 and 4.32 show how the
variation of turbine wall temperature and shaft area affect shaft output power. Interestingly,
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decreasing turbine wall temperature actually results in a decrease in shaft output power, as does a
decrease in shaft area.
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Figure 4.31: Shaft output power versus shaft area for reactions of 0.5 and 0.6.
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Figure 4.32: Shaft output power versus turbine wall temperature for reactions of 0.5 and 0.6.
'Iurbine inlet temperature is fixed at 1600K.
Figures 4.33 and 4.34 show how these parameters affect compressor efficiency, and 4.35 and 4.36
then show how they affect compressor pressure ratio. These figures do not vary with reaction.
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Compressor efficiency and pressure ratio show no change with turbine inlet temperature and turbine
radius.
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Figure 4.33: Compressor efficiency as a function of turbine wall temperature. Turbine inlet
temperature is fixed at 1600K.
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Figure 4.34: Compressor efficiency as a function of shaft area. Turbine inlet temperature is
fixed at 1600K.
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Figure 4.35: Compressor pressure ratio as a function of turbine wall temperature. Turbine inlet
temperature is fixed at 1600K.
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Figure 4.36: Compressor pressure ratio as a function of shaft area. Turbine inlet temperature is
fixed at 1600K.
It is apparent that although neither decreasing turbine wall temperature nor shaft area produces an
increase in shaft output power, both produce an improvement in compressor performance. What is
happening is that accompanying the improved efficiency and pressure ratio in the compressor, is an
increase in the power required by the compressor. At the same time, turbine power decreases slightly
for both a shaft area decrease and a turbine wall temperature decrease. The net effect on cycle
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performance is a decrease in shaft output power. So although compressor performance is improved,
cycle performance is not. The decrease is turbine power is the unexpected behavior. An improvement
in compressor pressure ratio produces a higher inlet pressure to the turbine, which should allow it to
produce more power. However, the increased cooling required for a lower wall temperature, or
smaller shaft, reduces the mass flow through the NGV, which apparently reduces turbine power more
than the increase resulting from the improvement in compressor performance.
The conclusion of this analysis therefore is that T,4 and disk radius are the parameters effective at
increasing shaft output power, yet decreasing turbine wall temperature and decreasing shaft area are
the parameters effective at improving compressor performance, although they do reduce shaft output
power slightly.
4.4 CHAPTER CONCLUSIONS
The parameter space has been explored in this chapter. The effect of various cooling parameters on
turbine wall temperature have been investigated, and conclusions drawn regarding the way in which
these cooling parameters affect cooling and turbine wall temperature. It was concluded that adiabatic
cooling effectiveness is the most important parameter for cooling the turbine, although coolant
temperature also has a significant effect. Coolant mass flow was found not to directly affect turbine
wall temperature. It shall be seen in the next chapter however that it is an important factor in the
establishment of a desired cooling effectiveness, but here coolant mass flow, coolant temperature and
cooling effectiveness have been uncoupled, and investigated independently of one another. The effect
of shaft area on heat transfer was also investigated. It was found that variation of shaft area with all
other geometric parameters constant, can allow a minimum turbine wall temperature to be found. This
minimum is however not significantly lower than that for a I% shaft area, the minimum shaft area
investigated. Power output however decreases with increased shaft area. It is thus recommended that
the reduction in wall temperature achieved by using the optimum shaft is not worth the reduction in
shaft output power and should instead be held constant at a low value, such as I % of solid.
Coolant mass flow was found to be an important parameter when considering shaft output power.
This is where the method of coolant injection was found to be critical. Injection prior to the NGVs
allows that coolant to contribute to the generation of torque and hence power in the turbine, as it is
turned through the NGV exit angle. If injected from the rotor however, and not turned through the
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NGV exit angles when entering the rotor, it does not contribute to this power generation, and so
power generating mass flow is reduced, reducing shaft output power.
A parametric analysis was also performed on geometric parameters that affect shaft output power.
The results have been investigated, and the trends discussed. These reveal the importance of both
turbine rotor trailing edge radius, and hence turbine exit area; and reaction, as set by NGV exit angle.
Trailing edge radius can be increased, or reaction decreased to produce an increase in shaft output
power.
This parametric analysis lead to the realization of the need to uncouple reaction from the results, and
this resulted in the identification of two parameters useful for the increasing of shaft output power.
These parameters are shaft exit area, with blade chord held constant, and turbine inlet temperature.
Two further parameters were identified as effective in improving compressor performance, albeit with
a slight decrease in shaft output power. These parameters are turbine wall temperature and rotor shaft
area.
100
Chapter 5: Adiabatic Cooling
Effectiveness Model
5.1 DEFINITION
Adiabatic film effectiveness is a quantitative way of representing the effectiveness of film cooling.
Kerrebrock defines it as follows [17]:
T, - Tlf
-, = 'l T (5.1)
T, - TI-00,
where T, is the adiabatic wall temperature, i.e. the temperature the wall would reach if insulated from
all but the free stream. Tj. is the temperature the wall would reach with film cooling, but no other
cooling. This translates to the temperature of the cooling layer or cooling film. Cooling effectiveness
is thus an indication of how close in temperature the cooling layer comes to the coolant itself, as it
enters the turbine flow. Rewriting the equation in the notation of previous chapters:
-7 = _ ' 
(5.2)
T t - Too,
Two models for the estimation of film cooling effectiveness shall be presented in this chapter. The
first, what shall be referred to as the Philippon model, is an empirical model based on CFD analysis
performed on the geometry of the microengine turbine. The second is an empirical model based on
conventional engine data. This Goldstein model is included as a theoretical target for the design of
cooling injection, as it represents what is achievable with film cooling in a conventional engine. The
Philippon model represents what the current turbine design and injection alternatives are capable of.
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5.2 PHILIPPON MODEL
Using the above definition of cooling effectiveness, Baudoin Philippon evaluated the effectiveness of
cooling in different configurations of his turbine design, under varying conditions of coolant
temperature and coolant mass flow. The results of this CFD analysis are presented in the following.
Regressions have been performed on the results to produce models of cooling effectiveness as a
function of coolant mass flow, coolant temperature and cooling scheme. Three schemes are presented:
disk cooling when coolant is injected from a stationary frame, disk cooling when coolant is injected
from a rotating frame, and blade cooling. In all cases, "fraction coolant" in the figures is defined as
coolant mass flow divided by compressor inlet mass flow. This is not the same as it was defined by
M. Philippon in his analysis [4], and so the regressions are in terms of an alternative definition. This,
and the conversion from the definition in the figures shall be presented below.
5.2.1 Disk Cooling
The disk cooling model is that referring to the injection of coolant onto the turbine disk. There are
two alternatives to how this can be done. It can be injected from a static frame, i.e. from the static
structure outside of the rotor, or it can be injected from a rotating frame, i.e. from within the rotor.
Figure 5.1 below shows a longitudinal section of the engine in the region of the turbine, and shows a
possible means of static injection, where the cooling flow is injected radially into the turbine flow.
Cooling Flow Passage Turbine rotor blades
Turabine
Turbine flow path Aft thrust bearing
Coolant injection Exhaust Nozzle
Figure 5.1: Schematic showing possible configuration for radial injection of disk coolant from a
stationary frame.
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Figure 5.2 shows a plan view of the turbine blades with slots for rotating injection of disk cooling air.
In this configuration, the air is injected axially, and therefore perpendicular to the turbine air flow
path. The journal bearing gap would lie outside of the injection slots.
Figure 5.2: Plan view sketch showing possible configuration for axial injection of disk coolant
from a rotating frame. Courtesy of Baudoin Philippon.
Figure 5.3 below shows the CFD results and associated regression, as cooling effectiveness versus
both coolant temperature and coolant mass flow as a fraction of compressor inlet mass flow. This
figure applies to the case of stationary injection. The CFD results are the points, while the lines
represent the regression. This regression is a polynomial in m,1 -b1,, the coefficients of which are linear
functions of T.,,. me...Lb, is the coolant mass flow fraction as defined by Baudoin Philippon. That
definition is coolant mass flow divided by combustor mass flow. Since the combustor mass flow
differs from the compressor inlet mass flow by the cooling flow itself and the journal flow, which is
expected to be 5% of the compressor inlet flow, the following equation has been derived to convert
from the mass flow fraction on the abscissa of the figures, mcoon to mcoolbP.,
1
m(OlP= (5.3)cool-bp 0.95 1
The regression is then:
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77fIII = C3 mcoo,' 3 + C2mcoolbp 2 +CIm cool-_ +b CO (5.4)
where: C3 = -0.0478xTco, + 67.083
C2 = 0.0421xTco, - 59.151
C, = -0.0075xTco, + 11.775
Co = -0.00003xTeoo, + 0.0403
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Figure 5.3: CFD results and associated regression for disk cooling with injection from a
stationary frame.
The blue line with points in figure 5.4 shows the equivalent result for a single coolant temperature
case for rotating injection. This result also had a cubic polynomial fitted to it, as can be seen in the
figure. To apply for a rotating regression, the stationary regression should be adjusted as follows:
fll,n = (0.744)C3mcoo,_bp +(0.796)C 2mcoo,_bp 2 + (0.8 8 0)C moolbp + (-0.255)Co
(5.5)
This result is shown as figure 5.4. Since no CFD results are available for temperatures other than that
already mentioned, the lines other than that already mentioned, have no points. Note again that
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although the model is in terms of M. Philippon's definition of mass low, the figures are shown in
terms of that used in the rest of this thesis.
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results and associated regression for disk cooling with injection from a rotating
5.2.2 Blade Cooling
The treatment of blade cooling differs from disk cooling in two ways. The first is that CFD results
have only been generated for a coolant temperature of 950K. This is in line with the assumption that
blade coolant will adopt the temperature of the turbine wall through which it is injected. Since this
wall cannot exceed 950K, and, as has been seen in chapter 4, is set at 950K for most cases of interest,
no other blade coolant temperature needs to be considered, for the purposes of this analysis at least.
The second difference is that the results are dependent on supply pressure. A correlation of supply
pressure required has been provided, yet, will not be presented here. For the purposes of this analysis,
it is sufficient to assume that this pressure will be provided. More detail can be found in Philippon's
thesis [4].
Two alternatives are available for injection of blade cooling air. It can be injected on either the
pressure surface, or the suction surface. This injection occurs through slots running the span of the
blade, located near the leading edge. Figure 5.5 shows a schematic.
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Figure 5.5: Schematic of a turbine blade shown in plan view, with slots for blade cooling shown
on both the pressure and suction surfaces. Courtesy of Baudoin Philippon.
Figure 5.6 shows the results of the CFD analysis performed. Points are shown for both suction surface
injection, and pressure surface injection. A regression has been performed on each of these CFD
results, which are shown as lines on the figure. A third line is included showing the effect of
combining half the blade cooling mass flow injected onto the suction surface, with half the mass flow
injected onto the pressure surface.
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results and associated regression for disk cooling with injection from a rotating
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Figure 5.6: CFD
frame.
The regression models of the two injection alternatives are as follows (again, M. Philippon's
definition of coolant mass flow fraction is used - see equation (5.3) for conversion from the definition
used in the figures):
On the pressure surface:
fih,, = -15.685mcool , 2 + 2 .6 5 9 7 m_W hJ) -0.0022 (5.6)
and on the suction surface:
771,, = -273.95meW,_p + 40.717mcool-/,2 +0.7154mcoolb, -0.0017 (5.7)
5.3 GOLDSTEIN MODEL
A second cooling effectiveness model is presented in this section. This model has been taken from the
literature, and does not specifically apply to a micro gas turbine, but should give a good idea of what
should be achievable, based on full size gas turbine design experience. The details of the model can
be found in Goldstein [18].
The model in notation relevant to the microengine, is as follows:
-0.2
fltmn ~~ 0.8 mcool 3 )(58
71fu,,, = 1.9 Pr 1+0.33 21"Rt"ref (5.8)
where:
S -1h .
where s is distance between the point at which cooling effectiveness is to be calculated, and the point
of injection of the coolant. b, is turbine blade span. The injection slot is assumed to be sized for the
correct mass flow.
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1.5 x10-4 sin(a). rn
27rRtMf
where a is the injection angle, relative to the horizontal, and R, is the turbine rotor radius,
ye =1.096 x10-6 rf
and Te =T +0.72x(Tr - T)
and T -
' 2
T is the flow temperature at the point at which cooling effectiveness is being calculated.
This model can be used to calculate cooling effectiveness at any point in the radial flow through the
turbine. In the analysis following, it is simply calculated at the blade leading edge and blade trailing
edge, and then averaged to provide a number for the whole rotor. No distinction is made between
blades and disk, other than different injection angles and distances s. It is also interesting to note that,
unlike the Philippon model derived from CFD results, coolant temperature does not come into this
model. This model however takes turbine flow conditions into account, which are not considered in
the Philippon model.
Figure 5.7 below shows a sample result using the Goldstein model with input conditions shown in
table 5.1.
Note that the geometry used for this sample calculation results in the effectiveness prediction
exceeding 100% for high mass flow. The implications of this effect are discussed in chapter 7.2.
5.4 CHAPTER CONCLUSIONS
Two models for the estimation of adiabatic cooling effectiveness have been presented. These shall be
used in conjunction with the thermodynamic system model to estimate cycle performance. By
including the cooling effectiveness model into the loop, adiabatic cooling effectiveness is no longer
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Table 5.1: Input parameters for sample result of Goldstein model
Parameter
Compressor inlet mass flow
Journal mass flow
Turbine radius
Turbine wall temperature
Turbine inlet temperature
Turbine blade span
Turbine exit temperature
Turbine inlet Prandtl number
Turbine exit Prandtl number
Distance from disk coolant injection to disk inlet
Distance from disk coolant injection to disk exit
Distance from blade coolant injection to blade inlet
Distance from blade coolant injection to blade exit
Angle of injection onto disk
Angle of injection onto blades
Turbine inlet Mach number
Turbine exit Mach number
Value
0.000248g/s
5% compressor inlet mass flow
3mm
950K
1600K
400pm
1500K
0.703
0.704
0.4mm
1mm
20% blade chord of 0.96mm
80% blade chord of 0.96mm
00
450
0.8
0.2
an independent parameter, but is linked to coolant mass flow and coolant temperature. In the next
chapter, the cooling passages shall be designed, allowing coolant temperature to be calculated as a
function of compressor discharge conditions and rotor wall temperatures. This will make coolant
temperature dependent on coolant mass flow, and hence reduce the cooling parameters to one -
coolant mass flow.
109
1.4
U) 1
.on the blades
0.8-
CD
0 0.6-
-2 ... on the diskC-)
O0 0.4--
0
0 0.02 0.04 0.06 0.08 0.1 0.12 0.14 0.16 0.18 0.2
coolant mass flow/compressor inlet mass flow
Figure 5.7: Sample results of Goldstein model showing cooling effectiveness on the blades and
disk as a function of coolant mass flow fraction to each.
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Chapter 6: Cooling Flow Passage Design
In this chapter the thermal design of the secondary air flow passages that are to provide coolant to the
turbine, shall be discussed. The design of the cooling flow passages discussed in this chapter is used
to establish the temperature of coolant provided to the turbine disk, when it is injected from a
stationary frame. As mentioned in chapters 3 and 4, air injected onto either the disk or the blades from
a rotating frame is assumed to take the temperature of the turbine wall through which it is injected.
The chapter starts by giving an overview of how heat transfer is modeled in the cooling flow
passages. This is followed by a discussion of each of the three configuration alternatives investigated.
These discussions include how the passage is modeled, a parametric analysis used to direct design
decisions, followed by a discussion and conclusions. The final section of the chapter includes a
comparison of the three alternatives, and recommendations concerning which configuration to pursue.
6.1 OVERVIEW
The cooling flow passages are to transport compressor discharge air to the turbine. The air must thus
pass through the structure between the combustion chamber on the outside, and the rotor on the
inside. The passages that do this thus have a dual purpose: to provide the compressor discharge air to
the turbine with a minimum of heat pickup; and to prevent a large heat flux into the rotor walls, that
lie inside of this passage structure. The primary issue therefore is heat transfer. This section shall
therefore discuss the way in which heat transfer has been modeled in the cooling flow passage
structure that lies between the combustion chamber and the rotor.
6.1.1 Conduction
Conduction is an important means of heat transfer within the cooling flow passage structure.
Although is has been included in the structure between annular ducts, its more relevant effect is in
heat transfer across the bridges that must extend across all annular flow passages. These bridges are
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limited by current fabrication constraints to no narrower than 150gm [3]. Their angle to the walls can
however be varied, and so their length is not set by the width of the annular passage they are crossing.
The equation used to model conduction is the simple relation than can be found in any heat transfer
text:
A
S=k-AT (6.1)
L
where: k is thermal conductivity, which for Silicon is taken as 40 W/mK, although it is a strong
function of temperature [11],
A is cross sectional area,
L is length,
AT is the temperature difference across the material under analysis.
6.1.2 Radiation
The temperatures in the cooling flow passage structure are expected to be sufficiently high that heat
transfer by radiation can be expected to contribute significantly to total heat transfer across an annular
passage. A model is therefore required to model this radiation.
6.1.2.1 Theory
Heat transferred by radiation within a two surface enclosure is governed by the following equation
[7]:
S(6.2)
4 121 1- 21-,l+ I + E2
EA AIF12  - 2A 2
where: a is Boltzmann's constant, E is emissivity, while T and A are temperature and surface area.
Subscript I refers to one surface (usually the surface at higher temperature) and 2 the other. F is the
view factor between the two surfaces.
For the case where the areas are circular walls (of an annular passage) with radius R, and view factor
is taken as 1 (i.e. all heat radiated from surface 1 impinges on surface 2):
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412 A U1-1(T' -T2 (63
-s = A(i- (6.3)
1 1-e2 R1
El E 2 (R 2
It shall be assumed in all the cooling passage geometries considered that this equation is valid. The
assumption of unit view factor is not accurate, but will serve as a worstcase solution. This is
reasonable considering that the precise geometry of the passage inlet and exit (at compressor and at
turbine) are not known.
Heat Transfer by radiation is however not a function only of the emissivity of the surfaces, but also
the absorption coefficient and reflectivity of the surfaces. Equation (6.4) gives the ratio of absorbed
power to incident power, on a surface, as a function of reflectivity p, absorption coefficient a, and the
thickness of the structure absorbing the radiation d [19]:
P (1- p).[1- exp(-ad)] (6.4)
Pi 1- p -exp(-ad)
What is of interest in this analysis is power absorbed by a surface Pa. Incident power Pi is simply the
radiation heat transfer rate 4-2 of equation (6.3).
6.1.2.2 Parameters
Absorption coefficient and emissivity both vary with temperature. Reflectivity is also a function of
the surface quality of the wall.
Emissivity is expected to be approximately 0.7 for a wall at 1100K [20]. This is the expected
temperature of the wall adjacent to the combustion chamber. It will be lower for cooler surfaces. The
lower it is assumed for the cooler of the two surfaces, the higher the heat transfer between them.
A reflectivity of 0.29 is reasonable for etched silicon [20].
The absorption coefficient of silicon has been measured by Dr. Yoav Peles [20] for a temperature
range of 575K to 750K. The results are shown in figure 6.1. An exponential curve has been fitted to
the results:
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Figure 6.1: Absorption Coefficient as a function of temperature [20].
6.1.2.3 Application
The above suggestions regarding parameters relating to radiation were incorporated into a calculation
of radiation heat transfer to be compared to convective heat transfer, in order to establish the relative
importance of this mode of heat transfer. The results were calculated for an annular passage of the
dimensions presented in table 6.1.
Table 6.1: Geometry of annular passage for radiation analysis
Parameter Value
Inner wall radius 4.9mm
Gap width 300 m
Passage length 600 m
Outer wall temperature 1100K
Total temperature of flow at passage inlet 530K
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The results produced by this analysis are presented in table 6.2.
Table 6.2: Results of radiation heat transfer across a representative annular passage
Inner Wall Inner Wall Inner Wall Incident Absorbed
Temperature [K] Absorption Enissivity Radiation Heat Radiation Heat
Coefficient [/m] Transfer [W] Transfer [W]
600 150 0.3 0.380 0.016
700 680 0.4 0.450 0.077
750 1100 0.5 0.512 0.129
1000 ~ infinity 0.7 0.274 0.194
When compared to convective heat transfer these results suggest that even with an absorption
coefficient of infinity, radiation heat transfer is between 0.4% and 5% of heat transfer crossing the
passage as a result of convection on the walls. It was thus concluded that radiation heat transfer would
only be included for the outer passage that has 1100K on the outer wall (in contact with the
combustion chamber) and an inner wall in the region of 600K. For other passages, where the higher
wall temperature is in the region of 600K, the contribution of radiation heat transfer is likely to be
well below the uncertainty in the convective heat transfer, and so it shall be neglected.
A second application of radiation heat transfer is not concerned with the cooling passage design, but
shall be discussed here nonetheless, since it is but a brief aside. As has been mentioned in previous
chapters, a hollow shaft is under consideration. Such a shaft would have a 950K turbine connected to
a cooler compressor by a thin outer wall, or by a number of pillars. There is concern that in addition
to heat being conducted along the pillars or wall of this "shaft," heat will be transferred from turbine
to compressor by means of radiation. This is shown schematically in figure 6.2.
Applying the above analysis to this structure, assuming again a view factor of unity, yields the
following results:
For Twaii- = 460K, Twaii.,= 950K, 4rad =0.006 W
For Twaii- = 600K, Twaii-r = 950K, 4rad = 0.020 W
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Figure 6.2: Schematic showing radiation heat transfer between turbine and compressor through
the hollow shaft.
These are only 0.05% - 0.15% of 13W, the order of heat transfer through the shaft expected by
conduction. These numbers suggest that heat transfer through the shaft by means of radiation can be
neglected.
6.1.3 Convection
6.1.3.1 Overview
Convective heat transfer is considerably more complicated to model than either conduction or
radiation. A model for convective heat transfer has already been discussed in chapter 3, for
convective heat transfer across a journal bearing. A similar model was developed as an initial
estimate of heat transfer in any annular cooling flow passage. The desire was for a simple model
referring to a single bulk fluid temperature, and calculating exit temperature and heat transfer as a
function of inlet temperature and wall temperatures. This model was found not to agree with CFD
analysis of a representative passage. It is recognized that this does not necessarily disprove the
validity of the model, as CFD is not to be taken as an entirely reliable source. However,
insufficiencies in the simplicity of the model were clear merely from consideration of the physics of
the problem, and so the model was discarded. It was also decided that pursuit of a more complicated
2-D model calculating heat flux as a function of distance along the passage, and including
temperature variation across the passage, was not necessary for the purposes of this system modeling
exercise. Ultimately, a regression of axisymmetric viscous CFD results was deemed the fastest and
simplest means of modeling the convective heat transfer in the passages.
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6.1.3.2 Problem Characterization
In order to perform such a regression, it is essential to know what parameters are most important
when considering heat transfer across one wall of an annular passage. The problem was characterized
as follows:
4 = 4 (p, k, y, c,, V, W, L, XTwan11, AT) (6.5)
where p , k and y are the density, thermal conductivity and viscosity of the fluid, c, is the specific
heat, and V the velocity. W and L are the width and length of the gap while ITa is the sum of the
wall temperatures. AT is the difference between the temperature of the wall on which heat transfer is
being calculated, and the fluid inflow temperature. The only parameter that the reader may notice to
be missing from this list is the radius R of one of the walls. Ordinarily this parameter would appear
with gap width W as the ratio of W to R, or as Router to Rinner [21]. For the passages to be considered
with this model the former of these ratios is likely to be very nearly zero, and the second, very nearly
unity. For this reason, width has been taken out of either of these ratios, which will not allow its affect
to be felt by the analysis. The importance of the effect of width is in its effect as part of the aspect
ratio of the passage, as shall be seen in the following. The neglecting of radius is reasonable as the
passages are essentially flat plates for the purposes of this application.
Dimensional analysis yields the following dimensionless groups:
1) = Aspect Ratio AR
W
2) =Re
3) I "" = temperature coefficient CT
AT
4)CPAT
v 2
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5) =Pr- Re.LV I
kAT cPAT
6) W
6) and 4) can be combined to form a Stanton number St:
St = (6.6)
ApVcAT
where A is wall area.
Group 5) can be neglected if Pr is assumed unity, as it is simply a combination then of groups 2) and
4). The problem is thus reduced to the following:
St = St(AR, Re, CT)
temperature coefficient can further be removed, as the ultimate concern in the case of this parameter
is the affect of AT on heat transfer, not Stanton number. The effect of temperature coefficient on heat
transfer will be accounted for in the conversion from Stanton number to heat transfer. This reduces
equation (6.5) to the following simple problem:
St = St(AR, Re) (6.7)
6.1.3.3 Regression
Before the results of the regression itself are presented, plots from two CFD solutions are presented.
One is a low aspect ratio, high Re solution, while the other is a high aspect ratio, low Re solution.
Figures 6.3 and 6.4 show the variation of heat flux on the inner and outer walls respectively, along the
passage for these solutions. These solutions apply to the flow and geometry conditions recorded in
table 6.3.
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Table 6.3: Flow and geometry conditions for the CFD solution presented in figures 6.3 and 6.4
Parameter Low AR, High Re Solution High AR, Low Re Solution
Passage length 600gm 1000gm
Passage width 400gm 100gm
Aspect Ratio 1.5 10
Inner wall radius 4.3mm
Total pressure at inlet 25 kPa
AP across passage 25Pa 100Pa
Inner wall Temperature 800K
Outer wall Temperature 10K
Inlet total temperature 530K
Mass flow through passage 0.0544g/s = 22.0% of comp. inlet 0.0096g/s = 4.5% of comp.
mass flow inlet mass flow
Density at inlet 1.665 kg/m3
Viscosity at inlet 2.52 Ns/m 2
c, at inlet 1075 J/kgK
Thermal conductivity of fluid 0.0412 W/mK
at inlet
Prandtl number at inlet 0.659
Reynolds' number at inlet 153 28
Figures 6.5 and 6.6 below show the results of the regression for the inner and outer walls respectively.
The points on these figures represent the CFD analysis results upon which the regression is based.
The lines then represent the regression itself. This regression is of the form:
(6.8)St = -(c,AR-2 +c 2AR' + c3 )ln(Re)+ (c4AR -2 + c5AR~1 +C6
Note that the polynomials are functions of the inverse of AR.
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Figure 6.3: Heat flux on the inner wall versus
solution used in the convection regression.
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Figure 6.4: Heat flux on the outer wall versus distance along the passage, for a single CFD
solution used in the convection regression.
The outer and inner wall regressions provide the following values for the constants:
Inner wall:
c1 = -0.1133
C2= 0.2216
C3 = -0.0237
Outer wall:
c1 = 0
C2= 0.09
C3= 0.0147
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C4 = -0.7693
C5= 1.4063
c6 = -0.1146
The inner wall is the cooler or the two.
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Figure 6.5: Regression results for Stanton number St on the
aspect ratio AR, and entrance flow Reynolds' number Re.
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Figure 6.6: Regression results for Stanton number St on the outer wall of an annular passage of
aspect ratio AR, and entrance flow Reynolds' number Re.
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6.1.3.4 Discussion of Regression Results
The first observation to be explained in the figures above is the apparent decrease in St as Re
increases. To understand this behavior one needs to consider first what an increase in Re represents
physically: An increase in Re can be produced by an increase in velocity for constant temperature and
pressure, and constant passage width. Such an increase in velocity would increase the velocity
du
gradient - on the wall. Velocity gradient then is related to friction coefficient Cr as follows:
dy
& duC, = O " 2) &o = JU
p(u_ 2 dy
For constant temperature and pressure, these can be combined such that:
du 1 11
f dy V2 V Re
Now consider the Reynolds analogy and the definition of St in terms of Pr, Nu and Re:
Nu = -!Re.C & St = Nu
Re. Pr
Combining these equations and assuming Pr as unity implies that St - C,. The result is then that
1
St e . This explains the decrease in St as Re increases.
Re
The second behavior to be explained is the decrease in St associated with an increase in AR. An
increase in AR can be produced by a reduction in gap width and therefore flow area, while length
remains constant. Such a change would result in an increase in velocity, which, using the train of
argument above, will produce a decrease in St. In this case however, V Oc AR 2 , and so the end result
1
is St A 2AR 2
This explains the general behavior of St with both AR and Re.
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6.2 COOLING FLOW PASSAGE CONFIGURATION ALTERNATIVES
The models above are used for two of the three configuration alternatives analyzed in this section.
The first configuration discussed involves passing the coolant through the journal gap, and so the
journal model presented in chapter 3 is used for this configuration instead. The 2"d alternative
analyzed involves moving the coolant flow into an annular passage of its own outside of the journal
gap. The third then adds a "cooling jacket" between the coolant flow passage and the combustion
chamber, to isolate the coolant flow itself, from the combustion chamber.
In analyzing the three configurations, a set of conditions in terms of rotor temperatures and
compressor discharge properties is assumed. These are a result of the parametric analysis performed
in chapter 4, and are an average of the conditions calculated for all cases in which turbine wall
temperature is held constant at 950K. These conditions did not vary significantly in these results, and
so they are not varied in the analyses that follow. These conditions are presented in table 6.4.
Table 6.4: Rotor wall temperatures and cooling flow passage inlet conditions for the 950K
turbine wall system
6.2.1 Journal Gap Alone
The first configuration analyzed is to pass the coolant through the journal gap. This would allow a
hydrostatic journal bearing to be used without the need for additional bleed air. The journal model
presented in chapter 3.7 was used for the analysis. Figure 6.7 below shows a schematic of the
geometry. The geometries at the entrance and exit of the passage are not relevant to the thermal
design and are therefore not discussed. The figure is only a schematic, and is not intended to represent
these geometries accurately.
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Parameter Value
Total temperature at compressor discharge 537K
Turbine wall temperature 950K
Compressor wall temperature 605K
Compressor Pressure ratio 2.09
Compressor rim
[1771gap flow
Compressor f
Journal bearing
flow
Turbine Disk
Cooling layer
Figure 6.7: Schematic of geometry for coolant flow through the journal gap.
The figures following show the results of this model run for cases where coolant mass flow and
compressor impeller exit temperature are varied. The geometry, compressor inlet mass flow and static
structure temperature presented in table 6.5 is assumed. This geometry has been determined by the
requirements of the bearing, and is not therefore available for optimization for the requirements of the
coolant flow.
Table 6.5: Geometry assumed for analysis of journal bearing as a coolant flow passage
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Parameter Value
Journal length 300 m
Journal diamter 6mm
Gap width 10.5pm
Compressor disk thickness 300 m
Compressor disk diamter 8mm
Compressor rim gap width 100 m
Static structure temperature 1100K
Compressor inlet mass flow 0.248g/s
6.2.1.1 Results
Figure 6.8 shows how journal exit flow temperature - which is the temperature of the coolant as it
enters the turbine - varies with coolant mass flow. Figures 6.9 and 6.10 show a breakdown of the heat
transfer into that in the compressor rim and journal gaps respectively.
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Figure 6.8: Temperature of turbine journal gap exhaust gas versus journal air mass flow.
Figure 6.8 shows how journal exit temperature varies with mass flow through the journal gap. The
variation is approximately 16% for a variation from 5% of compressor inlet mass flow, to 50%. There
is a peak in the curve, indicating that there is a given mass flow at which the combination of heat
transfer from the walls, and temperature at inlet, produce a maximum temperature of the flow at exit.
Increasing the mass flow thereafter causes a decrease in exit temperature, as the effect of entrance
temperature begins to dominate the effect of heat transfer into the flow. Heat generated does not come
into this discussion, as it is not greatly affected by mass flow. This is clear from the heat generated
lines in figure 6.9 and 6.10. 16% is not a large decrease in temperature, considering the change in
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Figure 6.9: Heat flows in the compressor rim gap as a function of journal air mass flow.
mass flow from 5% to 50%. Exit temperature can thus be regarded as not very sensitive to mass flow.
This is courtesy of the fact that the passage is very narrow.
Figures 6.9 and 6.10 show heat transfers in the gaps. The static structure that forms the outer wall of
the gaps, and is set at 1100K, is always hotter than the flow, and so heat is always flowing into the
fluid from the static structure (i.e. positive in the figures.) Average flow temperature (approximated
by exit temperature - see section 3.7.3 above) is also always higher than the average shaft wall
temperature, and so heat is always flowing into the rotor (negative in the figures.) This outflow of
heat from the journal air decreases as journal mass flow increases. It is interesting to observe that the
rate of change of this decrease in heat flowing out of the journal air increases while exit (and hence
average) journal air temperature increases, and then decreases while average journal air temperature
decreases.
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Figure 6.10: Heat flows in turbine journal gap as a function of journal air mass flow.
The magnitude of the results is important. 50% of compressor inlet mass flow is required to reach an
exit temperature of 930K. With a more manageable mass flow of 20%, the exit temperature is 945K.
6.2.1.2 Conclusions
From a quantitative point of view, the important conclusion to draw from the results presented is that
the journal is not an effective means of moving cold air to the turbine for cooling, with a static
structure surrounding it at a temperature of 1100K. The exit temperature of the journal flow into the
turbine is too high. An alternative configuration is needed. In addition to the temperature issue, it is
also desirable to separate coolant and journal air. In this way, the coolant passage geometry can be
designed to minimize coolant temperature, within limits, and coolant mass flow can also be controlled
independent of the requirements of the bearing.
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6.2.2 Separate Coolant Flow Passage
This second cooling flow passage alternative is in response to the conclusions of the journal bearing
analysis in 6.2.1 above. The coolant flow is moved out of the journal, and into a passage of its own,
which shall be referred to as a coolant flow passage, or coolant flow jacket (CFJ). Since the flow is no
longer a Couette flow, it is modeled as discussed in the first section 6.1 of this chapter. The detail of
this modeling shall be presented in section 6.2.2.1. The geometry is as shown in figure 6.11, where
disk coolant is shown injected into the turbine flow downstream of the NGVs. As with the journal
bearing gap, the detail of the geometry at the entrance and exit of the CFJ is not a part of the thermal
analysis, and is therefore not specified, nor designed. The point of injection, be it from the rotating
frame, the stationary frame before the NGV or the stationary frame after the NGV, is important for
performance, as was discussed in chapter 4, but is not important for the thermal analysis of the
passages themselves. It shall not therefore be mentioned again until it is discussed in chapter 7.
Coolant Flow Compressor rim
Passage/Jacket
Compressor Journal bearing
C flow
Turbine
Turbine Disk
Combustor Cooling layer
Exit Flow
Figure 6.11: Schematic showing geometry of a separate coolant flow passage.
6.2.2.1 Modeling
The cooling passage geometry has been modeled using the heat transfer models presented in section
6.1. These are incorporated into a linear problem that accounts for enthalpy changes in the various
flow paths and balances heat transfer across various system boundaries. The equations for this linear
model shall not be presented in detail, as was done for the thermodynamic system model in chapter 3,
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as the equations are simple and such an approach would be repetitive and redundant. Instead therefore
the model shall be explained in the following paragraphs.
The model can be broken into three parts. The first deals with the compressor rim and journal gaps,
and is identical to that included in the thermodynamic system model, accounting for convective heat
transfer across the journal and rim walls. This model conserves energy in each of the rim and journal
flows by including convective heat transfer from both the rotating walls and the static walls. The
compressor rim wall is assumed to be at Twall , while the journal wall is assumed to be at an average
of T.a1-e and Tw11-,. Convective heat transfer is calculated using the model for convective heat transfer
coefficients presented in section 3.7.2, and refers to a bulk fluid temperature in the gap as discussed in
section 3.7.3. The temperatures of the static walls in each gap are unknowns in the system, designated
Twaiion, and Twall-rin-on,. The outflow temperature is T;.or, which is the temperature of the journal air as
it enters the turbine.
In addition to convective heat transfer, the heat generated by viscous friction is also included in the
conservation of energy equation. This is calculated with the model discussed in section 3.6. The
dimensions of the rim and journal gaps are as quoted in table 6.5.
The second set of equations account for the heat transfer within the CFJ. Convective heat transfer is
calculated on each wall through Stanton number, which is calculated as a function of passage aspect
ratio and entrance Reynolds' number as per the regression presented in section 6.1.3. Since this
calculation is not linear in wall temperatures, which are unknowns in the linear system, it is not part
of the linear problem. Instead, convective heat transfer on the walls of the CFJ are calculated from
guesses of the wall temperatures, and then recalculated after solution of the linear system. The linear
system is then recalculated with the new heat transfer, and the whole problem iterated until
temperatures are sufficiently invariant with further iteration. Radiation heat transfer across the CFJ is
another parameter that is non-linearly dependent on wall temperatures, and so it is also calculated
outside of the linear problem but within the iteration loop. The model presented in section 6.1.2 is
used.
This second set of equations includes equations for enthalpy rise as a result of convective heat
transfer from the walls of the CFJ. The outer wall is assumed to be at 1100K, as it is in contact with
the combustion chamber.
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This set of equations also includes equations for conduction along bridges across the annular passage,
as per the model presented in section 6.1.1. These bridges are as deep as the passage is long, yet their
length and width are geometric variables to be determined by design. Their length can be no shorter
than the passage is wide, by they can be etched at an angle to the perpendicular (as viewed in the axial
direction) to extend their length beyond the passage width. In this analysis, convective heat transfer
on the CFJ walls is referred to as 4 CFJin and 4 CFJou , while conduction across the bridges is referred
to as gbidg, and the radiation heat transfer as erad -
The third set of equations includes the equations for conductive heat transfer from the inner wall of
the CFJ to the outer wall of each of the rim and journal gaps. These heat flows are notated ess-ri,
and 4,_ respectively. Again the model presented in section 6.1.1 is used. Cross sectional area is
taken as the annular area half way across the structure, i.e. at a radius half way between the inner wall
of the CFJ, and the outer wall of the rim and journal gaps, respectively. In addition to these equations,
the heat balance equations are included in this third set of equations. These balance heat transfer
across the coolant flow passage's inner wall, across the journal gap's outer wall and across the rim
gap's outer wall. These heat flow balances are shown schematically in figures 6.12 and 6.13.
Figure 6.12: Schematic of heat flow balance across the outer walls of the rim and journal gaps.
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Figure 6.13: Schematic of heat flow balance across the inner wall of the coolant flow passage.
6.2.2.2 Parametric Analysis
The design of the CFJ was performed with the help of parametric analysis. The geometric variables to
be designed, and therefore available for variation by parametric analysis, include inner wall radius
RCFJin, passage width wCFJ, bridge length and number of bridges across the CFJ. The metrics for the
design are coolant temperature and heat transfer from or into the rotor. The figure below shows heat
transfer from the rotor, i.e. if heat transfer is into the rotor, it will have a negative sign. This latter
parameter is of interest as the passages are to be designed as an isolation structure between the rotor
and combustion chamber, in addition to being designed to deliver cold air to the turbine. Figures 6.14
through 6.17 show these two metrics as a function of the four variables. RCFJin and wCFJ are varied in
figures 6.14 and 6.15, which plot coolant temperature as it leaves the CFJ and heat transfer from the
rotor, respectively. Bridge length and number are varied in figures 6.16 and 6.17. The constant values
held by the parameters not varied are quoted on the figures.
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Figure 6.14: Coolant temperature at exit of CFJ as a function of CFJ width and inner radius,
for the separate coolant flow passage configuration alternative.
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Figure 6.15: Heat transfer from the rotor as a function of CFJ width and inner radius, for the
separate coolant flow passage configuration alternative.
132
700 800
bridge length [urn]
Figure 6.16: Coolant temperature at exit of CFJ as a function of number of bridges across the
passage, and length of these bridges, for the separate coolant flow passage configuration
alternative.
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Figure 6.17: Heat transfer from the rotor as a function of number of bridges across the CFJ,
and length of these bridges, for the separate coolant flow passage configuration alternative.
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6.2.2.3 Discussion
Figures 6.14 through 6.17 above were analyzed to recommend the geometry of the CFJ for this
second configuration alternative. The geometry of the entrance and exit are not designed, as these are
a function of injection and required mass flow.
Figure 6.14 indicates that a minimum coolant temperature is achieved by minimizing RCFJin and
maximizing wCFJ. For the design of the engine as a whole, minimizing RCFJin is desirable as it
contributes to less additional space required between the rotor and combustion chamber. The more
space required here, the larger the required diameter of the inner wall of the combustion chamber, and
hence the larger the engine. Figure 6.15 however suggests that less heat is transferred to the rotor
when RCFJif is increased. The 3mm increase from 4.5mm to 7.5mm reduces heat transfer by just over
0.5W. Although 17% of the total heat transfer, 0.5W is small compared to the total 18.4W transferred
to the compressor. Due to the implications that this geometry has upon the size of the engine itself
therefore, this dimension is recommended as a minimum. 150pm is deemed a suitable minimum
width between the rim gap and the CFJ. This a marginally larger than the 120gm between the coat
hanger journal air flow passages on the current demo engine and the combustion chamber inner wall.
The maximizing of WCFJ is not desirable from the point of view of the global design of the engine,
given the impact that the geometry of the cooling flow passages will have on the combustor inner
radius, and hence engine size. There are also practical limitations on this width. Figure 6.14 shows
that there is diminishing return on reducing coolant temperature with CFJ width. By increasing the
passage width from 100gm to 300gm, a reduction of 170K is achieved. Increasing from 300gm to
500gm reduces this temperature by a further 55K. Figure 6.15 suggests that there is a passage width
that will give a minimum heat transfer into the rotor. That passage is around 700gm wide. As with
coolant temperature, there are diminishing returns with this metric as well. 100gm to 300gm reduces
the heat transfer by 2.4W. Further increase to 500gm reduces heat transfer a further 0.9W. The 55K
decrease in coolant temperature is deemed significant enough to recommend the 500gm gap, although
this is at the limit of what is feasible from the point of view of the whole engine design [3].
Figures 6.16 and 6.17 suggest that bridge length should be maximized, and number of bridges
minimized, in order to minimize coolant temperature and minimize heat transfer into the rotor. This
result is expected. For structural integrity however, it is not desired to reduce the number of bridges
below 4. Reducing the number from 4 to 2 only decreases coolant temperature by 20K anyway. It
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however decreases heat transfer by 1.4W. Once again, although significant relative to the magnitude
of this heat transfer, this is not significant relative to the total heat transfer entering the compressor.
With the insensitivity of coolant temperature to the number of bridges, it is deemed worth the
additional structural integrity to recommend 4 bridges.
Coolant temperature is also not very sensitive to bridge length. Bridges 4 times the passage width
give a coolant temperature only 25K lower than bridges equal to the passage width. This increase in
length decreases heat transfer to the rotor by 2.35W. A bridge 450 from perpendicular, with length 1.4
times the length of a perpendicular bridge, results in an 8K lower coolant temperature, but an
approximately LW reduction in heat transfer to the rotor. Although this is not a large decrease, the
MEMS fabrication techniques make a 45* bridge as easy to fabricate as a perpendicular bridge. It is
for this reason therefore that 450 bridges are recommended.
Bridge width is 150gm, the width of the bridges across the cooling jacket on the current demo engine.
This width is limited to 150gm by fabrication [3].
6.2.2.4 Conclusions
Table 6.6 summarizes the geometry as recommended as a result of the parametric analysis above.
Figure 6.18 then shows coolant temperature and heat transfer from the rotor (the sum of 4 i,,, and
haft ) as a function of coolant mass flow.
Table 6.6: Recommended geometry
alternative
for the separate coolant flow passage configuration
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Parameter Value
Coolant flow passage inner diameter 4.25mm
Coolant flow passage width 500gm
# of bridges 4
Angle of bridges to perpendicular, as 450
seen in the axial view
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Figure 6.18: Coolant temperature at exit of CFJ (a) and the sum of heat transfer from the rotor,
into the journal and rim gaps (b), as a function of coolant mass flow. This is for the separate
coolant passage configuration alternative.
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Figure 6.19: Scale drawing of recommended dimensions for separate coolant passage
configuration alternative.
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Figure 6.19 shows a scale drawing of this configuration as recommended. The figure shows the rotor
in plan with the cooling flow passage surrounding it.
6.2.3 Inner Cooling Jacket and Separate Coolant Flow Passage
The third cooling flow passage alternative is a coolant flow passage (CFJ) with an isolation jacket
between it and the combustion chamber. This isolation jacket serves the same function as the cooling
jacket around the outside of the combustion chamber, and is thus named the inner cooling jacket, or
ICJ. This passage carries compressor discharge air between the cooling passage and the combustion
chamber, and then takes it across the combustion chamber exhaust flow to return it radially outwards
to meet the cooling jacket flow as it enters the combustion chamber. The geometry required to take
the flow across the combustion exit flow is not detailed in this analysis, but is shown schematically in
figure 6.20 below, which is a schematic of the entire cooling passage structure, including both CFJ
and ICJ. This figure shows stationary injection of the coolant flow downstream of the NGVs.
Coolant flow
Passage
Inner cooling
jacket
Combustor
exit flow
Return flow to
combustor inlet
Compressor rim
gap flow
Journal bearing
flow
Turbine disk cooling
layer
Comb
Ch
Figure 6.20: Schematic showing geometry of a separate coolant flow passage and inner cooling
flow jacket.
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6.2.3.1 Modeling
The ICJ has been modeled as an additional annular passage outside of the CFJ. It has been modeled in
the same way as the CFJ, with the 1100K wall temperature now moving out to the ICJ outer wall,
rather than the CFJ outer wall. Again conduction across the bridges and the static structure between
flow passages are modeled using the conduction model presented in section 6.1.1. Radiation is only
included across the ICJ, but is not included across the CFJ. This is because the temperatures expected
of the radiating and absorbing surfaces are such that the amount of heat transfer by radiation across
the CFJ is expected to be negligible. Convection is modeled in the ICJ in the same manner as the CFJ,
using the regression discussed in section 6.1.3.
One addition to the ICJ that was not present in the CFJ analysis is what shall be referred to as a "base
structure" connecting the combustor wall to the structure between the ICJ and CFJ. This structure,
like a bridge, will transfer heat across the annular ICJ by conduction. This base structure is required to
separate the ICJ flow from the combustor exhaust flow.
Further detail of the modeling of the ICJ is not included, as it is predominantly repetition of that for
the CFJ alone, which has already been discussed in section 6.2.2.1.
6.2.3.2 Parametric Analysis
In the design of the cooling passage geometry with separate coolant flow passage and inner cooling
jacket, there are seven variables for parametric analysis. These include the CFJ inner radius and width
RCFJin and wCFJ as with the CFJ alone, as well as the width of the structure separating the CFJ and ICJ,
the width of the ICJ wicJ, mass flow through the ICJ, and bridge geometries. Again the results are
presented in terms of the metrics: coolant temperature at the end of the annular passage, and heat
transfer into the rotor.
Figures 6.21 through 6.26 document the parametric analysis. Figures 6.21 and 6.22 present the
variation of coolant temperature and heat transfer into the rotor as a function of CFJ width and inner
wall radius. 6.23 and 6.24 present the same metrics as a function of the width of the structure between
ICJ and CFJ as well as ICJ width. Figures 6.25 and 6.26 then present the metrics again as functions of
ICJ width, but with ICJ mass flow as the second variable. Similar plots to figure 6.16 and 6.17 were
produced for the bridges across the CFJ and then for the bridges across the ICJ. These have not been
included, but their results shall be discussed in section 6.2.3.3.
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Figure 6.22: Heat transfer into the rotor as a function of CFJ width and inner radius, for the
inner cooling jacket and separate coolant flow passage configuration alternative.
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Figure 6.23: Coolant temperature at exit of CFJ as a function of ICJ width and the width of the
structure between CFJ and ICJ. These results are for the inner cooling jacket and separate
coolant flow passage configuration alternative.
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Figure 6.24: Heat transfer into the rotor as a function of ICJ width and the width of the
structure between CFJ and ICJ. These results are for the inner cooling jacket and separate
coolant flow passage configuration alternative.
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Figure 6.25: Coolant temperature at exit of CFJ, as a function of ICJ width and mass flow.
These results are for the inner cooling jacket and separate coolant flow passage configuration
alternative.
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Figure 6.26: Heat transfer into the rotor as a function of ICJ width and mass flow. These results
are for the inner cooling jacket and separate coolant flow passage configuration alternative.
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6.2.3.3 Discussion
Like figure 6.14, figure 6.21 shows that coolant temperature is reduced by a reduction in RCFJin and an
increase in wCFJ. Also, like 6.15, figure 6.22 shows that a wCFJ exists for which heat transfer into the
rotor can be minimized, and that this heat transfer is further reduced by increasing RCFJin. A 6mm
inner radius reduces heat transfer by 0.32W over a 4mm radius. Like with the CFJ alone however, a
small RCFJin conforms to a desire to minimize the size of any structure between rotor and combustor.
In addition, with the additional passage present between rotor and combustion chamber in this
configuration alternative, this is a more relevant issue than with the CFJ alone. RCFJin is therefore
chosen such that the structure between rim gap and CFJ is 150pm, as with the CFJ alone.
For the variation of wCFJ, an increase from 100gm to 300gm produces a decrease in coolant
temperature of 80K, and a decrease in heat transfer to the rotor of 0.52W. A further increase to
500pm results in a further decrease in Tc,,0 of 23K, and a further decrease in heat transfer of 0.27W.
Diminishing returns is once again evident, although the sensitivity of both Te.., and heat transfer to
CFJ width is lower than with the CFJ alone. Since an ICJ is present outside the CFJ in this design, the
increased size of the passage is not deemed worth the further improvements in Tc,,, and heat transfer,
and so 300gm is recommended as the CFJ width.
Figures 6.23 and 6.24 introduce the parameters wiCj and structure width, referring to the structure
between the ICJ and CFJ. It is apparent that both Tc,,r and heat transfer are very insensitive to
structure width. Since the cooling passage geometry is desired to take up a minimum of space, 200gm
is recommended for this structure. This is deemed a reasonable minimum, yet maintaining a
reasonable amount of structural integrity.
Figures 6.25 and 6.26 present the two metrics in terms of wiCj and ICJ mass flow. Figure 6.25
suggests that there is a passage width for minimum Te,,r, which varies with ICJ mass flow. Similarly,
there is a passage width giving minimum heat transfer into the rotor, which also varies with mass
flow. A lower mass flow has a lower minimum on both these figures, although at the passage
dimension that the design is constrained to for global engine design considerations, a higher mass
flow gives both lower Te..1 and lower heat transfer into the rotor. The minimum Teco, for ICJ mass
flow equal to 40% of compressor inlet mass flow occurs at a wICJ of 800gm.
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As with many of the other figures discussed, figures 6.25 and 6.26 show diminishing return on both
T.oo, and heat transfer, with variation of wicJ. For an increase in wicj from 100gm to 300gm, coolant
temperature decreases by 22K, while heat transfer into the rotor decreases by 1W. For an increase
from 300gm to 500pm, coolant temperature drops a further 9K, while heat transfer drops by a further
0.5W. The coolant temperature is far less sensitive to ICJ width than it is to CFJ width, yet heat
transfer into the rotor is more sensitive to ICJ width than CFJ width. Despite this sensitivity, the
constraints on the size of the cooling flow passage system suggest that 300gm is a reasonable
recommendation for ICJ width.
Given a passage width of 300gm, the effect of coolant mass flow can be discussed. Increasing mass
flow from 10% to 40% only reduces coolant temperature by 6K. The reduction in heat transfer to the
rotor is 0.25W. This insensitivity of both metrics suggests that there is no real benefit in passing more
than 10% of compressor inlet mass flow through the ICJ.
The results for the bridges have not been presented, yet were observed. 4 bridges were once again
deemed necessary from a structural integrity point of view, for both ICJ and CFJ, despite a heat
transfer decrease of 0.95W for 2 bridges over 4, in the CFJ; and a decrease of 0.27W for 2 bridges
over 4 in the ICJ. It is interesting to note however, that despite the higher sensitivity of heat transfer to
ICJ width, it is more sensitive to CFJ bridge number than ICJ bridge number. Increasing the length
across a 200gm gap from 200gm to 1000gm produces a decrease in coolant temperature of 10K when
the increase is done on bridges across the CFJ, and 20K when it is done on bridges across the ICJ.
Heat transfer is reduced by 2.5W and 0.9W respectively. 450 bridges on the CFJ would reduce heat
transfer by 0.5W, and by 0.25W if on the ICJ. This is a far lower sensitivity than that seen on the CFJ
alone, but since there is no cost in etching the 45' bridges, it shall be recommended.
6.2.3.4 Conclusions
Table 6.7 summarizes the geometry as recommended above. For comparison purposes, it includes the
recommended design of the separate coolant flow passage alone, as presented in section 6.2.2 and
table 6.6. Figure 6.27 then shows coolant temperature and heat transfer from the rotor, for the
recommended ICJ and CFJ design. It is also of interest to note what the resulting temperature of the
ICJ flow is as it leaves the ICJ and is sent to the combustion chamber. For the design recommended
below, this temperature is shown in Figure 6.28.
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Table 6.7: Recommended geometry for the inner cooling jacket with separate coolant flow
passage configuration alternative, compared to the separate coolant flow passage only design.
Parameter CFJ & ICJ CFJ alone
Coolant flow passage inner diameter 4.25mm 4.25mm
Coolant flow passage width 300gm 500gm
Width of structure between ICJ and CFJ 200gm
Inner cooling jacket width 300gm-
Mass flow through inner cooling jacket 10% of compressor -
inlet mass flow
# of bridges in each passage 4 4
Angle of bridges to perpendicular, as seen in 450 450
the axial view
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Figure 6.27: Coolant temperature at exit of annular coolant flow jacket (CFJ) (a) and the sum
of heat transfer from the rotor, into the journal and rim gaps (b), versus coolant mass flow.
These results are for the inner cooling jacket and separate coolant passage configuration
alternative.
Figure 6.29 shows a scale drawing of the configuration as recommended. The figure shows a plan
view of the rotor with the cooling flow passage geometry surrounding it.
144
842 -
840
Q 838 -
0
c 836-
0
5 834-
ci
E
832-
0
830-
828 I I
0.05 0.1 0.15 0.2 0.25 0.3 0.35 0.4 0.45 0.5
Coolant Mass Flow [fraction of comp. inlet mass flow]
Figure 6.28: Total temperature of ICJ exit air versus coolant mass flow for the inner cooling
jacket and separate coolant passage configuration alternative.
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Figure 6.29: Scale drawing of recommended dimensions for inner cooling jacket and separate
coolant passage configuration alternative.
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6.3 CONCLUSIONS AND RECOMMENDATIONS
Three configurations have been presented as alternatives for the thermal design of the cooling flow
passages. The journal alone was seen not to allow coolant temperatures below 930K. The two
alternatives pursued in sections 6.2.2 and 6.2.3 were in response to this inadequacy. They were
analyzed with respect to coolant temperature as well as the effectiveness of the passages in thermally
isolating the rotor from the combustion system. Figures 6.30 and 6.31 below compare the separate
coolant flow passage with the combination of inner cooling jacket and separate coolant flow passage.
This result is essentially a combination of plots 6.18 and 6.27, although two results are shown for the
separate coolant flow passage alone: for a 500pm wide passage, as recommended, and for a 300gm
passage.
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Figure 6.30: Coolant temperature at exit of CFJ versus coolant mass flow, for both the CFJ
alone, and the CFJ with ICJ.
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Figure 6.31: The sum of heat transfer from the rotor, into the journal and rim gaps, versus
coolant mass flow, for both the CFJ alone, and the CFJ with ICJ.
Figure 6.30 shows that essentially equal coolant temperatures can be achieved with the recommended
CFJ alone configuration (500gm passage width,) and the recommended ICJ and CFJ configuration,
(with a 300gm ICJ and 300gm CFJ.) For comparison purposes, a 300gm CFJ on its own has also
been shown. The coolant is approximately 50K hotter than for the two recommended designs.
If coolant temperature were the only design criterion, this figure would suggest that the CFJ alone
should be the recommended configuration. This design takes up less space between the rotor and
combustion chamber and is as effective at transferring compressor discharge air to the turbine in
terms of heat pickup.
Figure 6.31 however, which shows heat transferred from the rotor, shows that the CFJ alone is not as
effective at isolating the rotor from the combustion system as the CFJ with ICJ. This difference
between the two configurations with their recommended designs increases with increased coolant
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mass flow. At 10% of compressor inlet mass flow, the ICJ and CFJ design allows just 0.92W less
heat into the rotor. At 30% this has increased to 1.3W, reducing total heat transferred to the rotor to
just 0.4W.
The questions that needs to be asked concerning which configuration is to be recommended now
move into the realm of fabrication and complexity. The ICJ and CFJ configuration is significantly
more complex than just a CFJ. If thermal issues are to be considered alone however, the
recommendation should fall with the ICF and CFJ design, although this configuration is not vastly
superior to the CFJ alone design on either of the thermal metrics being used. The purpose of this
thesis, although a thermal design, is to form part of the systems design of the next generation of the
microengine. It was mentioned in chapter 2 that the system viewpoint is important, and that it must
always be considered. The separate coolant flow passage alone is thus recommended, with geometry
as presented in table 6.6 and figure 6.19.
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Chapter 7: System Design
In this chapter the system as a whole will be investigated, and a cooling injection configuration
recommended. The cycle performance will also be investigated, and a cycle configuration
recommended based on assumptions regarding adiabatic cooling effectiveness. The design leading to
these recommendations uses the models and draws on the understanding gained in the previous
chapters, especially chapter 4.
The chapter is broken into two parts. This first seeks to investigate the alternatives available for
coolant injection, looking at the assumptions required for reasonable representation of each scheme,
followed by results using the models. The section is concluded with a recommendation. The second
section then investigates the cycle performance with the coolant injection scheme recommended in
section 7.1, and concludes with a recommendation for cycle configuration. The assumptions
regarding cooling effectiveness and the choice of model used to determine it are discussed.
7.1 COOLANT INJECTION ALTERNATIVES
7.1.1 Disk Cooling
There are three alternatives available for injection of coolant onto the turbine disk. Some mention has
already been made of these in chapters 3 and 4, regarding the manner in which the different schemes
are modeled, as well as chapter 5. The first of the three schemes involves injection from the rotating
frame, through slots in the rotor, which lie radially outside the turbine rotor blades. This configuration
is shown schematically in chapter 5 as figure 5.2.
The remaining two schemes involve injection from the stationary frame. This is shown schematically
in chapter 5 as figure 5.1, and is repeated below as figure 7.1. This is a cross section of part of the
engine. The figure shows the coolant injected parallel to the main flow, i.e. radially inwards.
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Figure 7.1: Sectional schematic of disk coolant injection from the stationary frame.
Figure 7.1 does not show the NGV. If injected from the stationary frame, the coolant can be injected
from upstream or downstream of the NGV.
Table 7.1: Differences in modeling of three injection alternatives for disk coolant injection
Parameter Injection Scheme
From rotating frame From stationary From stationary
frame upstream of frame downstream of
NGV NGV
Distance to turbine L.e. RNGV-2 - Rturbine.i NGV chord + RNGV-2 - RNGV-2 - Rturbine.I
radius, Sin-disk Rturbine-J
Distance to turbine t.e. Sin-disk + blade chord sin-disk + blade chord Sin-disk + blade chord
radius, Sout-disk
Angle of injection to 900 00 00
main flow
Coolant temperature Turbine wall Coolant flow passage Coolant flow passage
temperature exit temperature exit temperature
Mass flow to which to iii n + hco m
match NGV
Mass flow in torque 
-hc r + hco h,
equation
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The differences in the way in which the three disk coolant injection schemes are modeled is shown in
Table 7.1. These differences include input parameters to the Goldstein adiabatic cooling effectiveness
model. Note that for this analysis, the coolant flow passage is assumed to carry only disk coolant.
Blade coolant is assumed to have been split off early and transferred to passages inside the rotor. This
geometry has not been designed, as it is not expected to affect the temperature of the blade coolant,
which is expected to take the temperature of the turbine wall through which it is injected.
7.1.2 Blade Cooling
Only one configuration has been considered for blade cooling, as blade coolant cannot be injected
from the stationary frame. The concept involves passing the coolant along the span of a hollow blade,
and injecting it through slots that run the length of the blade span. This is shown schematically in
chapter 5 as figure 5.5. This cooling scheme is modeled as shown in table 7.2. Some of these numbers
are just assumptions for the sake of modeling the cooling scheme, and are not based on any design.
Table 7.2: Summary of modeling inputs for blade cooling
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Parameter Rotating injection of
blade coolant
Distance to turbine I.e. radius, Sin-disk 20% blade chord
Distance to turbine t.e. radius, sou,-disk 80% blade chord
Angle of injection to main flow 450
Coolant Temperature Turbine wall temperature
Mass flow included in NGV mass flow? No
Mass flow included in Torque equation? No
7.1.3 Comparison of Injection Alternatives
In the following analysis, the three alternatives for disk coolant injection have been compared.
Certain assumptions have been made for the analysis in light of the understanding gained in previous
chapters. These assumptions are detailed in table 7.3. These include turbine wall temperature, shaft
area and reaction, all of which have been held constant. This is done in light of the conclusion drawn
in chapter 4 that neither decreasing turbine wall temperature nor decreasing rotor shaft area are
effective for increasing shaft output power (although they do improve compressor pressure ratio and
efficiency.) For this analysis therefore, they are held constant. For the cycle analysis following in
section 7.2 however, the cycle behavior is treated in a more rigorous manner, which includes the
variation of these parameters.
Table 7.3: Assumptions and settings for the comparison of injection alternatives
Input Parameter Value/Model
Turbine rotor L.e. radius 3mm
Turbine rotor t.e. radius 2mm
Cooling Effectiveness Model Goldstein
Cooling Flow Passage Design Separate Coolant Flow Passage only
Rotor shaft area 1% of a solid 6mm diameter shaft
Disk to Blade coolant mass 1.5
flow ratio
Turbine wall temperature 950K
Reaction 0.5
Figure 7.2 below shows the variation of shaft output power for each of the three alternatives for
injection of disk coolant, with a variation of turbine inlet temperature from 1500K to 2100K. Figure
7.3 shows the turbine blade spans corresponding to these results, while 7.4 and 7.5 show coolant mass
flow and cooling effectiveness. Only disk coolant mass flow is shown in figure 7.4. Blade coolant
mass flow is set at 66% of disk coolant mass flow. Figure 7.5 shows cooling effectiveness on the
blades and the disk. The lines for the disk cooling layer are solid, while those for the blades are
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dashed. Adiabatic cooling effectiveness has been limited to 100%. This was necessary because the
Goldstein model was found to predict effectiveness as greater than 100% for certain configurations.
The implications that this behavior has on the use of the model is discussed in section 7.2.2 following.
25
20
15
10
5
0
-5
-10
-15
-20
1500 1600 1700 1800 1900 2000
Turbine Inlet Temperature [K]
2100
Figure 7.2: Comparison of disk coolant injection alternatives, in terms of shaft output power
and turbine inlet temperature.
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Figure 7.3: Comparison of disk coolant injection alternatives, in terms of turbine blade span
and turbine inlet temperature.
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Figure 7.5: Comparison of disk coolant injection alternatives, in terms of adiabatic effectiveness
on the disk (etad) and blades (eta-b), and turbine inlet temperature.
Figure 7.2 shows that both rotating injection and stationary injection downstream of the NGV
produce approximately the same shaft output power. A significant increase is however achieved when
the disk coolant is injected upstream of the NGV. This is because the coolant mass flow in this case is
turned through the NGV passages and hence exit angle, and can thus contribute to torque in Euler's
equation. In this analysis, this contribution of work assumes turbine inlet temperature rather than
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coolant temperature for this additional flow. In reality therefore, the work added by passing the
coolant through the NGV will be lower than predicted here.
The result shown in figure 7.3 is also a direct result of allowing the disk coolant to pass through the
NGV for this scheme. The increased mass flow through the NGV requires a blade with a greater span,
as it is the NGV that sets the mass flow. Hence, both schemes in which disk coolant is injected
downstream of the NGV require smaller turbines than the scheme in which injection occurs upstream
of the NGV.
Figure 7.4 shows that rotating injection requires the most coolant mass flow to constrain turbine wall
temperature to 950K. This is because the coolant on the disk is 950K for this scheme, yet between
750K and 800K for the other schemes, which use disk coolant at the temperature of the coolant flow
at the cooling flow passage exit. Of the two stationary injection results, more coolant is required when
injected upstream of the NGV. This is because this scheme has a lower effectiveness, as can be
observed in figure 7.5.
Figure 7.5 shows that in general, the cooling effectiveness of the disk coolant is higher than that of
the blade coolant. This is primarily because of the higher mass flow of the disk cooling in this
analysis. For the scheme in which disk coolant is injected upstream of the NGV, this is not however
the case. For this scheme, blade cooling effectiveness is higher. This is explained by the large distance
between the injection point, and the turbine disk, for this scheme. This distance reduces effectiveness
significantly, according to the Goldstein model.
Note that the relative magnitude of cooling effectiveness on either the blades or the disk, for the
different injection schemes, is not to be interpreted as representing their cooling "ability". These
effectiveness values are the result of coolant mass flow required to cool the turbine to 950K. Coolant
mass flow should rather therefore be used to represent cooling "ability" of the scheme. This has been
discussed is the previous paragraph.
7.1.4 Recommendation of Injection Scheme
Figure 7.3 above shows how stationary injection upstream of the NGV requires a turbine blade span
between 780pm and 950gm. This is larger than is achievable with fabrication technologies available,
if a reasonable blade etch uniformity and hence balance is desired, and dynamic balancing is not used.
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This suggests that this scheme is therefore not feasible until dynamic balancing is available. Of the
remaining two schemes, rotating injection and stationary injection downstream of the NGV, the latter
appears superior in that it requires less coolant than the rotating injection scheme. This is further
supported by looking at the cooling effectiveness predicted by the Philippon model for each scheme.
The higher the cooling effectiveness for a given mass flow, the lower the required mass flow ought to
be when the scheme is used to cool the turbine disk to 950K. The cooling effectiveness for both
rotating and stationary injection has been presented as a function of coolant mass flow and coolant
temperature in chapter 5, but the two have not been compared. Figure 7.6 below shows this
comparison, for three temperatures, and a range of mass flow up to 20% of compressor inlet mass
flow. The lines for rotating injection are shown as dashed, while those for stationary injection are
solid.
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-a diamond = 700K
> .35 - square = 900K
0.3- triangle = 1100K
0.25 - solid = rotating inj
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Figure 7.6: Comparison of rotating and stationary injection of disk coolant, according to
Philippon model.
Injection from the stationary frame from downstream of the NGVs is thus recommended.
7.2 CYCLE DESIGN
This section details the cycle analysis leading to recommendation of a cycle configuration for a break-
even cycle. The subchapter will first discuss what conditions the design is to be constrained to,
variables available to the designer, and metrics to be used for the design of the cycle. This section
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shall be followed by a discussion leading to a choice of the model to be used to calculate cooling
effectiveness. An analysis showing the variation of the metrics with the variables shall then be
presented, which will be followed by the recommendation of a final cycle configuration. This
includes a table summarizing many important temperatures and flow properties associated with the
recommended cycle configuration.
7.2.1 Constraints, Assumptions, Variables and Metrics
The conditions to which the cycle design is constrained include turbine blade span, combustor exit
temperature and disk radius:
" Blade span, as has been mentioned before, is limited by fabrication constraints, which at present
suggest that 400pm is a viable target. Since this is the dimension of the original design, this is the
value that shall be chosen as the constraint to which blade span is limited in this cycle design.
* Combustor exit temperature will rise as coolant mass flow rises. However, it is limited by
combustor performance. Although a numerical constraint shall not be set to this parameter, it is to
be monitored during design.
" Disk radius is the third constraint. The larger the turbine rotor, the larger the combustion chamber
inner wall diameter, and so the larger the engine. This size must therefore be monitored in the
analysis, as it is not desired that the engine grow to too large a size. This is a similar constraint to
that considered when designing the cooling flow passage geometry in chapter 6. Like combustor
exit temperature, no numerical value will be set to this constraint.
The following assumptions are made for the cycle design, as recommended by the results in chapters
6 and 7.1:
" Disk coolant temperature is that calculated at the exit of the separate cooling flow passage as
recommended in chapter 6.
* Blade coolant is injection from the rotating frame, while disk coolant is injected from the
stationary frame downstream of the NGV
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The variables available for the analysis include turbine inlet temperature T14, and rotor exit radius
(holding blade chord constant), turbine wall temperature and rotor shaft area. Since turbine blade span
is constrained, the effect that each of these variables has on cycle performance needs to be
reevaluated in terms of constant turbine blade span, rather than constant reaction. Since reaction is a
tool to be used by the designer, it will be allowed to vary, so as to set turbine blade span to 400 jm.
Before the effect of the variables under these slightly altered condition is investigated, the metrics
need to be defined. Firstly, shaft output power is an important metric, as the aim of this design is to
close the cycle. A further metric is compressor performance. This is important to cycle efficiency, and
ultimately, the purpose of cooling the turbine is to reduce heat transfer to the compressor, and hence
improve its performance. This shall be represented by compressor pressure ratio.
The relative effectiveness of the four variables for constant blade span can only be established if some
sort of "effectiveness" is defined, with respect to shaft output power. Such an effectiveness, defined
for a parameter y, is as follows:
APower
0 power (7.1)
Ybaseline
This effectiveness measures the power increase achieved by 100% change in the parameter in
question from its baseline value.
0 For increasing exit radius this yields, 7pore, = 13.0W power increase per 100% A in the radius
from 2mm.
0 For increasing turbine inlet temperature, flpower = 12.0W power increase per 100% A in the
temperature from 1600K.
* For decreasing shaft area, 7ipower = 7.4W power increase per 100% A in the area from 1 %of a solid
shaft.
* Decreasing turbine wall temperature has negligible affect on shaft output power.
This fourth result is due to the increased coolant mass flow required to cool the turbine wall to the
lower temperature. The reduced turbine wall temperature does reduce heat transfer to the compressor,
and hence increases compressor pressure ratio and efficiency. However, the associated benefit to shaft
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output power is cancelled by the effect of a reduced mass flow through the NGV associated with the
increase in coolant mass flow.
In addition to looking at the effect on shaft output power, it is also necessary to look at the effect of
the parameters on coolant mass flow, an increase in which leads to an increase in combustor exit
temperature. Coolant mass flow is therefore desired to be as low as possible. Defining a similar
effectiveness therefore for coolant mass flow, in units: g/s decrease in coolant air per 100% change in
the parameter:
* For increasing exit radius this yields, 1coolant = 0.069g/s decrease per 100% A in the parameter.
* For increasing turbine inlet temperature, 1coolant = 0.023g/s decrease per 100% A in the parameter.
* For decreasing shaft area, T7coolant = 0.01 4g/s decrease per 100% A in the parameter.
* Decreasing turbine wall temperature actually results in a 0.101g/s increase per 100% A in the
parameter.
Conclusions drawn regarding the use of these parameters in the cycle design are discussed in section
7.2.3.
7.2.2 Choosing a Cooling Effectiveness Model
It was mentioned in section 7.1.3 that, for the geometry of the microengine, the Goldstein model for
cooling effectiveness produces efficiencies on the disk of greater than 100%, at the mass flows
necessary for cooling the turbine to 950K. This is a clear indication that the concern that the model is
not applicable to a micro scale device is justified.
The Philippon model was thus tried, and found not to allow the wall to be cooled to 950K at all. As is
evident in figure 7.6, the Philippon model predicts a maximum cooling effectiveness of between 40%
and 50%. This is not sufficient to cool the turbine wall to even its upper temperature limit of 950K,
with even 1500K at turbine inlet. This model, although more likely to be accurate, does not predict
efficiencies that are high enough for the required cooling.
With this predicament, it is worth continuing the analysis with a hypothetical cooling effectiveness
model. Essentially, the question being answered therefore becomes, "can the cycle be closed
assuming a defined cooling effectiveness can be achieved?" Although not useful in revealing what is
capable with the current injection technology, this reveals what is capable with some fraction of what
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is theoretically possible (i.e. some fraction of Goldstein.) It was decided to pursue the cycle solution
using 80% of the predicted Goldstein effectiveness.
7.2.3 Analysis Results
The first point of discussion is the decisions resulting from the relative effectiveness of each of the
four parameters, as identified in section 7.2.1. Since decreasing wall temperature still does not
produce any increase in shaft output power, and produces a large increase coolant mass flow required,
it is recommended that the turbine wall be held at its upper temperature limit, i.e. 950K.
Of the remaining three parameters, exit radius is the most effective in increasing shaft output power,
followed closely by turbine inlet temperature (these were the two parameters identified in chapter 4).
Turbine inlet temperature however is significantly more effective at increasing coolant mass flow
than the other two parameters. It was thus deemed appropriate to set turbine inlet temperature
relatively low, and attempt to close the cycle with increasing turbine exit radius, and decreasing shaft
area. This is in an attempt to keep combustor exit temperature within a reasonable range. Since
1600K was the original design turbine inlet temperature, this was chosen as the value to which to set
this parameter.
The remaining two parameters are plotted in figures 7.7 through 7.10. Figure 7.7 shows the variation
of shaft output power with turbine exit radius on the abscissa (with disk radius 1mm larger) and shaft
area varied on the figure. Figure 7.8 shows the variation of coolant mass flow, while figure 7.9 shows
the variation of combustor exit temperature. Figure 7.10 shows the variation of compressor pressure
ratio.
7.2.4 Cycle Design Recommendation
Figure 7.8 above suggests that the cycle can be closed with a 950K, 400gm turbine with 1600K at
inlet, if the turbine exit radius is increased to 4mm (i.e. disk radius = 5mm) and the shaft area reduced
to 0.1 % of a solid 6mm diameter shaft. Such a design has a combustor exit temperature of 2260K, and
requires a total of 41% of compressor inlet air to be used as coolant - 20.5% sent to each of the blades
and the disk. Compressor efficiency is 43% and pressure ratio 2.46. Although this is a high combustor
exit temperature, this appears to be the most feasible answer to be drawn from the analysis.
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Figure 7.7: Shaft output power as a function of turbine rotor blade trailing edge radius and
rotor shaft area (as a % of a solid 6mm diameter shaft), for constant blade span of 400gm,
turbine inlet temperature of 1600K, and turbine wall temperature of 950K.
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turbine wall temperature of 950K.
The heat transferred to the compressor in this design is 11.79W. This comes from three directions:
1.65W comes from the turbine; 4.86W from the compressor casing, and the remaining 5.28W across
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the walls of the shaft and compressor rim, from the isolation structure between the rotor and the
combustion system. Figure 7.4 shows these results along with many other important parameters. In
addition to the recommended cycle design, table 7.4 also shows a result where the recommended
cycle has had first compressor casing heat transfer switched off, and second where both compressor
casing and rotor wall heat transfer have been switched off. These results serve as a comparison,
showing what progress in the reduction of these heat transfers would allow in terms of cycle
performance. The solutions are for a 400gm solution with a 950K turbine wall. As can be seen, as
heat transfer to the compressor is reduced, the compressor performance improves, and the shaft
output power improves as well. If all the heat except that from the turbine is removed, the shaft output
power increases by 10W.
7.3 CHAPTER CONCLUSIONS
A recommendation for cycle configuration has been presented. This configuration requires a turbine
of 400gm, and a turbine inlet temperature of 1600K. This recommendation however assumes a
hypothetical cooling effectiveness model of 80% that predicted by Goldstein. With this model,
coolant mass flow in the order of 40% of compressor inlet mass flow is required, and with it, cooling
effectiveness values in the order of 89% - 93%. The solution however shows that the cycle can be
closed by including a cooled turbine, if the cooling of that turbine can be made sufficiently effective.
The solution was compared to the same configuration with sources of heat transfer into the
compressor other than the turbine, removed. First, heat from the casing was removed, and then heat
flowing through the walls of the rotor shaft from the combustion system. This comparison showed
that removing these additional sources of heat transfer could improve performance by lOW.
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Table 7.4: Parameters for the recommended cycle design for a 400gm blade span turbine. Cases shown
include for just shaft heat transfer ( 4, ) into the compressor, shaft heat transfer and heat transfer across
the journal bearing ( 4j ), and these in addition to that through the compressor rotor casing (& casin g
Parameter qc = 1+ 4casin g + 4j 4c = 4 +4j 4c = 4t
Turbine blade span [gm] 401 399 400
Compressor blade span [pm] 400 400 400
Compressor inlet mass flow [g/s] 0.248 0.248 0.248
Shaft output power [W] -0.11 4.38 10.28
Turbine inlet temperature [K] 1600 1600 1600
Turbine disk radius [mm] 5 5 5
Turbine exit radius [mm] 4 4 4
Number of turbine rotor blades 35 35 35
Rotor shaft area [% of solid 6mm diameter] 0.1% 0.1% 0.1%
Coolant mass flow to the disk [% compressor inlet] 20.5% 20.6% 20.2%
Coolant mass flow to the blades [% compressor inlet] 20.5% 20.6% 20.2%
Cooling effectiveness on the disk [%] 92.8% 93.0% 92.5%
Cooling effectiveness on the blades [%] 89.1% 89.3% 88.7%
Turbine wall temperature [K] 951 949 949
Compressor wall temperature [K] 514 516 449
Combustor exit temperature [K] 2260 2266 2251
Disk coolant temperature at injection [K] 705 707 696
Compressor efficiency [%] 42.8% 47.7% 53.2%
Compressor pressure ratio 2.46 2.77 3.17
Compressor exit total temperature [K] 517 521 506
Turbine efficiency (total-to-total) [%] 62.5% 61.7% 61.8%
Turbine efficiency (total-to-static) [%] 58.9% 58.7% 59.3%
Turbine reaction 0.675 0.606 0.522
NGV exit angle [0] 85.350 85.800 86.150
Turbine exit total temperature (T,5) [K] 1464 1441 1412
Turbine pressure ratio 0.440 0.390 0.340
Heat transfer into turbine wall [W] 1.65 1.63 1.88
Heat transfer into compressor flow [W] 11.79 6.97 1.88
Heat transfer from compressor casing [W] 4.86 0 0
Compressor power required [W] 52.66 54.65 56.58
Turbine work done [W] 55.14 61.63 69.41
Power loss due to viscosity in journal bearing [W] 2.59 2.60 2.55
Rotor exit Mach number 0.160 0.159 0.158
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Chapter 8: Conclusions and
Recommendations
8.1 SUMMARY AND CONCLUSIONS
8.1.1 Summary
The issues arising from heat transfer in the microengine have been identified, and transformed into
requirements for the design of a cooled engine. The thermal design of such an engine has been
attempted with the purpose of closing the cycle while matching the turbomachinery. This design has
been achieved through analysis of the results of a one-dimensional model of the thermodynamics of
the engine system. This model included modeling of the turbomachinery, as well as a heat transfer
model of the cooling flow passage geometry, which will provide compressor discharge air to the
turbine. Also included within the model is a model of the cooling effectiveness of the coolant as
injected into the turbine. Two models were investigated for this cooling effectiveness prediction, and
a hypothetical model related to one of these used in the final analysis. One of the two models
investigated was a regression of CFD results on the geometry of the engine, as calculated by
Philippon [4].
The analysis mentioned led to the recommendation that increasing turbine inlet temperature and
increasing turbine radius were the two most effective means of increasing turbine power, while
decreasing rotor shaft area was found to improve shaft output power only if blade span is held
constant. This parameter was also found to significantly improve compressor performance.
Decreasing turbine wall temperature, although also effective as a means of improving compressor
performance, was found not to contribute favorably to an increase in shaft output power. This is due
to the increased coolant mass flow required to cool the turbine wall to the lower temperature. The
reduced turbine wall temperature does reduce heat transfer to the compressor, and hence increases
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compressor pressure ratio and efficiency. However, the associated benefit to shaft output power is
cancelled by the effect of a reduced mass flow through the NGV associated with the increase in
coolant mass flow.
The cooling passage model was used to design the cooling passage geometry. The passages were
designed to minimize the temperature of the cooling air injected onto the turbine disk, and at the same
time thermally isolate the rotating structure from the hot combustion system. The design chosen was a
single, annular coolant flow passage lying outside of the journal bearing and rotating structure,
through which cooling air passes from the compressor exhaust to the turbine inlet. This passage is
500pm in width.
Coolant injection alternatives were also investigated before the cycle design was attempted. This
involved consideration of three alternatives for disk coolant injection, combined with blade coolant
injection from the rotating frame, through slots in the blades, as designed by Philippon [4]. The
configuration chosen was injection from the stationary frame, downstream of the NGVs.
The final cycle design was performed using a hypothetical cooling effectiveness model of 80% of the
empirical model by Goldstein, derived for full-size engines. The regression of CFD results for cooling
effectiveness was not used, as it did not predict cooling effectiveness high enough to cool the turbine
to its maximum temperature limit of 950K. This final cycle design was performed by varying the
three parameters established to be effective at increasing shaft output power - turbine inlet
temperature, rotor shaft area, and disk radius. The final design recommended includes a 10mm
diameter turbine with 1600K at inlet. 41% of compressor inlet air is required to cool the turbine wall
to 950K, and shaft area required to be 0.1 % of a solid 6mm diameter shaft, i.e. 0.079mm 2 . The
resulting cycle breaks even with a compressor pressure ratio of 2.46 and efficiency of 43%. Turbine
efficiency is 63%. This design was investigated with removal of heat transfer first from the
compressor casing, and then from the rotor shaft walls as well. These results indicated that by
removing the compressor casing heat transfer, 4W of additional shaft output power could be made
available, and by removing the rotor shaft heat transfer as well, a further 6W could be gained.
8.1.2 Conclusions
The results reveal that with 80% Goldstein effectiveness (i.e. 89%-93% for 20% mass flow,) and a
turbine inlet temperature of 1600K, the cycle can be closed with a turbine limited to 950K, and blade
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span of 400gm. This however requires a large amount of cooling air - 41% of compressor inlet air.
However, the 80% Goldstein cooling effectiveness is an upper limit indicating a theoretical
maximum, based on what is achievable with full size engines. The cooling effectiveness predicted by
Philippon through CFD analysis is however much lower than 80% Goldstein, suggesting that these
effectiveness values are not realizable with a microengine geometry. A combustor exit temperature of
2260K is also required because of the large fraction of turbine air that is coolant. This is high, and
possibly beyond the capabilities of the current combustor. These issues suggest that, in practice,
cooling will not be sufficient to close the cycle on its own.
Nevertheless, these results do serve to give a better idea of how close to closing the cycle is. They do
suggest that cooling is an effective means of helping to close the cycle, even if the cycle may not be
able to be closed with cooling alone. In addition to this suggestion, the work also provides valuable
tools for the analysis of a cooled gas turbine. The final cycle recommendation compared to cases
where compressor casing and rotor shaft heat transfers were removed also reveals that considerable
gains can be achieved by reducing these heat transfers in conjunction with the cooled turbine.
These results indicate the solution arrived at by exploration of only part of the design space available.
The part explored was chosen based on recommendations proceeding from analysis, but further
investigation of the space into regions unexplored may serve to reveal cycles of improved
performance.
8.2 RECOMMENDATIONS
This section presents recommendations for where effort may be focused in future work to ultimately
achieve closure of the cycle.
The first four recommendations concern ideas that could be applied to the cooling design above, to
improve turbine work in the case of the first two, and to improve compressor performance in the case
of the third and fourth. An improvement in these parameters would reduce cooling requirements. The
fourth recommendation regards combining a cooled turbine with other areas of technology being
researched within the microengine project.
* It has been assumed that turbine blade span is identical to NGV blade span. The NGV has been
sized to match the compressor mass flow, and the turbine rotor blade span then simply set equal
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to the NGV. This has limited the design since rotor blade span is limited by fabrication
constraints. The first recommendation therefore, is to consider a geometry in which turbine rotor
and NGV do not have the same blade span. NGV span can then be set to match compressor mass
flow, while rotor blade span is set according to etch capabilities. With this situation, coolant could
be injected upstream of the NGV, and so contribute its mass flow to turbine work generation. The
complication associated with this idea is how to handle the change is blade span at the rotor edge.
A step is undesirable from a fluid mechanics point of view, and so some thought is required
regarding how this would be implemented [22].
* A second recommendation is to place guide vanes into the coolant injection passage, shortly
before injection, downstream of the NGV. Such a configuration has not been included in this
analysis, but could be used to allow the cooling air to contribute to turbine work generation.
* The recommended configuration has 1.7W of heat leaving the turbine, yet 11.8W entering the
compressor. 4.9W of the difference comes from the compressor casing, while the rest comes from
the rotor shaft. It has been shown that removing this additional heat significantly improves
compressor and hence cycle performance.. In the design of the cooling flow passages, the single
separate coolant flow passage design was chosen over the duel passage design where the coolant
flow passage is augmented by an inner cooling jacket. The basis of this decision was that the 1W
reduction in heat transfer of the latter relative to the former was insignificant relative to the total
heat transfer from the turbine. That is no longer the case. It is thus recommended that the
alternative cooling flow passage configuration alternative of ICJ and CFJ be reconsidered in light
of the recommended cycle design.
* Compressor casing heat transfer may also be reduced, and hence improve cycle performance, by
cooling the chip from the outside. Design of the compressor casing may also allow this structure
to be cooler than the 650K assumed.
* The final recommendation is to attempt to combine the technology of the cooled turbine with the
Si-SiC turbine being researched. It is predicted that the Si-SiC turbine will have a wall
temperature limit of 1200K. This will greatly decrease the cooling requirements of the system,
and allow for a design that has more easily achieved cooling effectiveness on the disks and
blades.
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